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Abstract

This work summarizes the knowledge acquired in several combustion engine research
laboratories, within various research projects in the field of advanced combustion in
spark ignition engines.

The first part will present studies on homogeneous charge compression ignition
(HCCI), that has received much attention in recent years due to its ability to re-
duce both fuel consumption and NO emissions compared to normal spark-ignited
(SI) combustion. However, due to the limited operating range of HCCI production
feasible engines will need to employ a combination of combustion strategies, such
as stoichiometric SI combustion at high loads and leaner burn spark-assisted com-
pression ignition (SACI) and HCCI at intermediate and low loads. The goals of
the first two studies were to extend the high load limit of HCCI into the SACI
region while maintaining a stoichiometric equivalence ratio. Experiments were con-
ducted on a gasoline-fueled single-cylinder research engine with fully flexible valve
actuation. Attention was also given to a comparison of various methods for knock
identification and quantification in various combustion modes.

The second part presents the experimental and simulation research of an ad-
vanced combustion system for a gas engine with indirect ignition using in-house
developed actively scavenged prechamber. The concept was adopted from large sta-
tionary engines and was designed and optimized to fit the engine for a light duty
truck. The work was initiated as an experimental work. However, during the project,
it became obvious that a deeper insight into a complex flow and combustion process
was needed. Therefore, a CFD simulation has been implemented into the process.
In the first stage, the work was focused on the prechamber flow characterization
using the CFD without the combustion process. The other two parts then involved
a full engine working cycle simulation with a state-of-the-art combustion modeling
and LES approach in CFD. Two design variants of the prechamber with different
geometries and volume were analyzed.

The final part describes an investigation of a low temperature combustion of
hydrogen in the internal combustion engine. A hydrogen fueled experimental single
cylinder engine was tested in a steady state operation on an engine test bed. The
engine was operated in a low-temperature combustion mode with a lean mixture
with high air excess ratio λ between 2.6 and 3.0. without any irregular combustion
phenomena. A high boost was necessary for achieving sufficient power density at
the lean burn mode. The engine reached a high thermal efficiency. Molar fraction
of NOx below 10 ppm was achieved within the whole range of operational points.
Which means, that the low-temperature combustion showed a potential to comply
with contemporary as well as future limits of NOx emission without any exhaust
gas aftertreatment. Specific emission of CO2 even involving the CO2 inflow with



intake air was lowered by 2 to 3 orders of magnitude compared to state-of-the-art
automotive diesel engines. Emission of other gaseous pollutants as well as emission
of particulate matter were negligible.
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Chapter 1

Introduction

1.1 Motivation for low temperature combustion

1.1.1 Environment and climatic change

As a result of social and economic development, the concentration of the pop-
ulation in cities is growing. The use of transport of all kinds is also growing, and
as the bulk of transport uses fossil fuels as an energy source, the problem with
air pollution on the number of vehicles is growing. Local pollutant emissions and
the challenge of global climate change are forcing governments to tighten existing
emission limits. Efforts by governments to keep the global average temperature rise
within 2◦C above the preindustrial levels to prevent or mitigate the effects of climate
change (floods, droughts, heat waves, and fires) and the associated migration of peo-
ple from affected areas to less affected and richer regions, resulted in the adoption of
the so-called Paris Agreement of 2015 [2]. Substitutes for fossil fuels using renewable
energy sources are being sought. This increases the production and consumption of
liquid and gaseous renewable fuels. In recent decades, conventional petroleum fuels
in transport and energy have been replaced by natural gas.

Natural gas is considered the most efficient, affordable, and immediately appli-
cable solution to reduce air pollution in cities [26]. Combustion of methane produces
25 percent less carbon dioxide in the methane molecule due to the more favorable
hydrogen to carbon mass ratio than the combustion of diesel fuel or gasoline. How-
ever, methane is considered as a major contributor to global warming. The Global
Warming Index (GWI) of methane is 25 times the GWI of carbon dioxide. If there
are leaks anywhere in the chain from the source to the wheels (Well-to-Wheel), the
benefits of this fuel are eliminated from a global perspective. A tragic example is
methane leaks in oil extraction. Due to the lack of infrastructure for the treatment
and transport of methane from oil fields, the gas is at best burned in burners, at
worst, it is immediately discharged in large quantities directly into the atmosphere
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1 Introduction

[98].
It is therefore necessary to work intensively to reduce losses in all links in the

chain. The author and his collaborators are working to reduce losses in the so-called
"Tank-to-Wheel", i.e., the conversion of energy from the vehicle’s fuel tank to the
wheels. The efficiency of the conversion of chemical energy in fuel into mechanical
energy, which can be used to power the vehicle, is gradually being increased by
technical development and the application of more sophisticated (and more expen-
sive) measures. Figure 1.1 shows the benefit of applying various technical measures
expressed by reducing the emission of CO2 in NEDC and WLTC driving cycles in
a van powered by natural gas ICE. Compared to the initial state, i.e., the diesel en-
gine, the emission reduction of CO2 can be achieved by optimizing the compressed
natural gas drive by up to 20%.

The next step in the so-called "decarbonisation" of transport is to increase in the
share of the use of low-carbon energy vectors. One potential solution is the use of
hydrogen. However, the hydrogen economy cannot be started "overnight". The onset
of hydrogen transport must be gradual. Therefore, it seems a logical step to build
a hydrogen infrastructure with the use of so-called gray hydrogen, i.e., hydrogen,
which was formed either as a by-product of the chemical industry or hydrogen from
fossil sources. The long-term goal is to actually reduce greenhouse gas emissions. At
the same time, the so-called zero emission vehicles cannot be immediately enforced.

The internal combustion engine is an affordable, robust, and long-term durable
energy converter. At the same time, it can be adapted and optimized for various
gaseous and liquid fuels. The internal combustion engine can be supplemented with
an electric motor for bridging the low-efficiency modes (i.e., low loads) and for energy
recovery during deceleration or when driving downhill. The results of recent research
projects show that with a diesel engine for a truck, a thermal efficiency value very
close to 50% [65], [54] can be achieved. This is comparable to the efficiency of a
highly loaded hydrogen fuel cell at a significantly lower cost.

The dominant technology currently used in modern gas engines is the combus-
tion of a homogeneous mixture of air and gas in an open combustion chamber above
the piston, ignited by spark ignition with a conventional spark plug. Emissions of
pollutants in the exhaust are treated up to almost zero using the so-called controlled
three-way catalyst [9]. However, if we focus on the combustion system and the effi-
ciency of the internal combustion engine, the conventional spark ignition engine is
already reaching its limits. Another potential for improving efficiency on the ther-
modynamics side of an internal combustion engine is related to the use of advanced
combustion systems, using so-called low-temperature combustion of extremely di-
luted air-fuel mixtures.
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Figure 1.1: CO2 emission reduction by gradual application of technical measures in
the development of a natural gas fueled van [23]

1.2 Introduction of low temperature combustion in
spark ignition engines

The basis of low-temperature combustion is the combustion of an extremely di-
luted homogeneous mixture of air and fuel. Dilution can be performed with a high
excess of air or with exhaust gas recirculation. In both cases, diluting the cylinder
charge leads to a low combustion temperature. In terms of engine energy parameters,
the low combustion temperature reduces the heat transfer to the combustion cham-
ber walls. High dilution of the mixture and low combustion temperature increase the
Poisson’s constant κ or the ratio of the specific heat capacity of the cylinder charge.
This leads to an increase in the thermal efficiency of the engine and a reduction in
fuel consumption.

The low temperature combustion of the diluted mixture reduces the formation
of nitrogen oxides and affects the proportion of other exhaust gas components, espe-
cially imperfect oxidation products such as carbon monoxide and CO and unburned
hydrocarbons HC, see Fig. 1.2. The measured energy parameters and specific emis-
sions of a gas spark ignition engine with conventional spark ignition in a low load
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Figure 1.2: Energy and emission parameters of a gas spark ignition engine in low
load mode depending on the dilution of the mixture. Colored dots correspond to
exhaust gas recirculation dilution, marks without filling correspond to lean burn
concept [86].

mode are shown here. It is clear that the dilution of the mixture in a real engine is
limited by the chemical efficiency (ηCH). The rate of chemical reactions and conse-
quently chemical efficiency decreases proportionally to the degree of dilution. The
lean burn engine concept with a conventional spark ignition combustion system and
a premixed homogeneous mixture meets these limits.

This work will describe the methods of combustion of a homogeneous mixture in
a gasoline engine and outside the area of the so-called lean flammability limits. The
first part will be devoted to the concept of self-ignition of a premixed homogeneous
charge, known as HCCI (Homogenoeus Charge Compression Ignition) in a gasoline
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engine. Research will focus on the combustion regime, which combines spark ignition
with subsequent spontaneous combustion of the remaining unburned mixture. This
combined mode is called SACI (Spark Assisted Compression Ignition) in the liter-
ature and makes it possible to bridge the area between conventional spark ignition
and HCCI mode. The current work will compile the works created by the author at
the University of Michigan in Ann Arbor [52], [83], [58], [32], [56].

The second part of this Habilitation thesis will deal with the research of an
advanced ignition system with indirect ignition with a scavenged pre-chamber in
gas engines to increase efficiency and reduce harmful exhaust emissions. These works
were carried out at the Faculty of Mechanical Engineering of the Czech Technical
University in Prague in the projects of the Josef Božek Research Center based on
knowledge and research results and cooperation with industrial partners dating back
to the 1990s. The concept of indirect ignition with a scavenged pre-chamber was
taken from large gas stationary engines. It has been applied to the engine of a light
truck. In the low and medium load regimes, a significant increase in thermal efficiency
and a simultaneous reduction of nitrogen oxide emissions in raw exhaust gas to values
comparable to the current legislative limit of EURO 6 was demonstrated. [73], [82]
and [86] and two granted patents will be commented on in the second part of this
publication.
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Chapter 2

Bridging the Gap between HCCI and
SI: Spark-Assisted Compression
Ignition

HCCI has the potential to deliver high indicated thermal efficiencies relative
to its spark-ignited counterpart [16]. These improvements are made possible partly
through unthrottled operation at low load, which minimizes pumping loss. Thermal
efficiency is also enhanced by the use of an increased compression ratio to promote
auto-ignition, by the fact that combustion occurs at nearly constant volume (due to
the fast burn rate of the mixture), and by the greater expansion stroke work (as a
fraction of the fuel availability) provided by a low-temperature lean mixture [33].

In HCCI, combustion phasing is thermally controlled with intake temperature
heating [67] or variable valve actuation to retain hot residual in-cylinder [99]. Peak
combustion temperatures are kept relatively low due to high levels of charge dilution
with air or residual gas. These lower temperatures elevate the ratio of specific heats
γ of the mixture, leading to gains in thermal efficiency. Simultaneously, these low
temperatures (achieved with either air or EGR dilution) greatly reduce the engine-
out NOx concentrations, allowing the engine to meet emissions regulations without
NOx after-treatment [16]. Heat loss through the cylinder walls is also reduced, im-
proving engine efficiency [25]. These dilute mixtures are not normally accessible with
traditional spark ignition; however, HCCI permits auto-ignition at lean equivalence
ratios through charge preheating.

Despite its advantages, the maximum achievable load for naturally-aspirated
HCCI is about 4.0-5.0 bar [16]. High load operation is restricted by the ring-
ing/instability limit, beyond which slight changes in conditions can lead to excessive
pressure rise rates (PRR) or misfire [20]. In order to take full advantage of the ben-
efits of HCCI, the operating range must be expanded in order to cover an increased
portion of the speed-load map. Several studies have attempted this using a variety
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of strategies including boosting [20],[35] and [57], variable compression ratio [31],
charge stratification [6], and spark assist [81]. This research focused on the latter
method.

Spark-assisted compression ignition (SACI) uses spark as an additional means of
combustion control. It is thought that the spark produces a propagating flame that
consumes a portion of the charge and releases some of the fuel energy. This heat
release by the flame increases the temperature of the remaining charge, causing it
to auto-ignite earlier than it would have otherwise [49]. Since SI flame propagation
has a longer burn duration than bulk auto-ignition, SACI can be used to reduce
peak heat release rates at higher loads, thereby reducing ringing intensity. Wang et
al. also demonstrated that implementing spark assist can improve the stability of
gasoline HCCI near the misfire limit [93].

Urushihara et al. [81] accomplished SACI by injecting a small amount of ad-
ditional fuel near the spark plug, facilitating a propagating flame that increased
cylinder pressure and temperature and induced auto-ignition of the surrounding
homogeneous lean mixture. As a result, precombustion temperatures necessary to
achieve HCCI were reduced, and the engine was capable of operating at higher loads
(up to 6.5 bar IMEP) before the ringing limit was reached. The moderating effect
of SACI on heat release was confirmed by Yun et al. [96], who found that spark
assistance was crucial to reducing combustion noise at higher engine loads. Spark
advance resulted in a more gradual initial heat release, thought to be flame prop-
agation, followed by autoignition of the remaining charge. Combustion noise was
reduced by the increase in burn duration. Similar results were found by Szybist et
al. [75] , who used SACI to achieve loads up to 7.5 bar NMEP. Maximum cylinder
pressure rise rates were controlled by spark timing, internal EGR, and late IVC to
reduce the effective compression ratio. Under low load conditions, the combustion
event was dominated by volumetric auto-ignition (similar to HCCI), while at higher
loads, a larger portion of the heat release occurred during flame propagation, as in
conventional SI.

Hyvonen et al. [36] have shown that SACI can also be used to control combustion
phasing during a mode transfer between HCCI and SI. A modeling study by Lavoie
et al. [49] attempted to define the regions of SI flame propagation, SACI, and HCCI
in terms of unburned and burned gas temperatures near top dead center. HCCI
requires high unburned temperatures to initiate combustion and has relatively low
burned temperatures, while SI can be accomplished with low unburned tempera-
tures but produces high burned temperatures. SACI can be used to achieve ignition
when unburned temperatures are too low for complete auto-ignition (but high com-
pared to conventional SI) and when the mixture is too lean for well-developed flame
propagation. Under these conditions, a flame can be sustained when unburned tem-
peratures are increased by a higher compression ratio, intake charge temperature, or
internal residual fraction [89]. These high unburned temperatures allow HCCI and
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SACI to be achieved at fuel-air mixtures significantly leaner than in conventional
sparkignited combustion.

The objectives of this study were two-fold. The first goal was to extend the load
range of SACI at maximum efficiency using dilute operation with EGR. The second
goal was to obtain an understanding of the combustion regime that lies between
low load HCCI and high load SI. This combustion regime should allow for smoother
transitions from pure flame propagation to pure auto-ignition during a realistic drive
cycle [96]. The following section introduces the test setup, fuel specifications, data
acquisition systems, and experimental test procedures. Next, HCCI results from
the engine are discussed and load limits for this combustion regime are quantified.
Lastly, the results of load extensioninto the SACI regime are examined.

2.1 Experimental Setup

Experiments were performed on a single-cylinder gasoline direct-injected engine
with a Ricardo Hydra crankcase. The engine is equipped with a fully-flexible valve
actuation (FFVA) system from Sturman Industries. The engine geometry is listed
in Tab. 2.1.

Parameter Value

Displacement volume (cm3) 550
Stroke (mm) 94.6

Bore diameter (mm) 86.0
Conrod length (mm) 156.5

Piston pin excentricity (mm) 0.8
Compression ratio (-) 12.5:1
Number of valves (-) 4

Piston shape Shallow bowl
Head design Pent-roof

Fueling method Direct injection

Table 2.1: FFVA engine geometry.

The compression ratio for this engine is higher than that for a typical spark-
ignited engine. This creates higher in-cylinder pressures and temperatures, aiding in
the implementation of HCCI combustion. The piston contains an asymmetrical bowl
for increased cylinder turbulence and reciprocates below a pent-roof type combustion
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chamber. A spark plug is centrally mounted in the cylinder head. Fuel is delivered
via a gasoline direct injector mounted between the two intake valves and aimed into
the piston bowl. A detailed schematic of the engine setup is seen in Fig. 2.1.

Figure 2.1: FFVA engine schematic.

2.2 FFVA SYSTEM

The Sturman electro-hydraulic valve actuation system allows the lift, timing, and
duration of each valve event to be controlled independently. The system is capable
of running two intake events and two exhaust events per engine cycle, at lifts up to
10.0 mm. The range of possible valve timings is limited only by physical interference
between the piston and the valves, preventing large amounts of positive valve overlap
from being achieved. Specifications for the FFVA system are listed in Tab. 2.2.

The lift of the primary valve event is controlled by an internal hard stop mech-
anism which gives the valve profiles a characteristic trapezoidal shape, as seen in
Fig. 2.2. Due to physical limitations, the position of the hard stop cannot be changed
mid-cycle, so valve lift and timing can only be varied on a cycle-resolved basis. In
these experiments, a recompression valve strategy was used. Recompression relies
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Parameter Value

Manufacturer Sturman Industries
Principle of operation Electro-hydraulic
Number of valves 4

Maximum lift (mm) 10.0
Resolution of lift control (mm) 0.1

Resolution of timing control (CA◦) 1.0
Maximum number of valve events per cycle (-) 2

Variability of opening (CA◦) ±2.0

Table 2.2: Hydraulic valvetrain specifications.

on a high degree of negative valve overlap (NVO) to retain hot residual gases in
the cylinder. These hot residuals increase the pre-combustion temperature of the
mixture and its tendency to auto-ignite.

Figure 2.2: Example of a recompression valve strategy with a high degree of
negative valve overlap (NVO).
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2.3 FUEL AND AIR

The fuel utilized in this experiment was research-grade gasoline supplied by
Chevron Phillips. Fuel specifications are listed in Tab. 2.3. The fuel system con-
sists of a side-mounted direct injector and a large bladder accumulator which is
pressurized with nitrogen up to 1̃00 bar. Fuel flow is regulated based on a specified
injection duration. End of injection is typically set to 30 degrees after intake TDC,
giving the charge sufficient time to mix before ignition.

Parameter Value

Research octane number (RON) 90.5

Motor octane number (MON) 82.6

Antiknock index (R+M)/2 86.6

Carbon (Wt. %) 86.38

Hydrogen (Wt. %) 13.62

Oxygen (Wt. %) 0.0

H/C atomic ratio 1.879

Stoichiometric air-fuel ratio 14.61

Lower heating valve (MJ/kg) 43.043

Specific gravity (kg/dm3) 0.745

Grabner vapor pressure (kPa) 48.1

Molar mass (g/mol) 93.04

Table 2.3: Fuel specifications.

The engine is supplied with compressed shop air, which is regulated upstream of
the intake plenum to achieve the desired intake pressure (measured in the intake run-
ner). The system is capable of running boosted pressures, but for these experiments
the intake pressure was limited to an unthrottled 1.0 bar absolute. Three electric
heaters inside the intake plenum can be used to heat the intake charge. However,
for these experiments, the intake heaters were not used, and the temperature of the
charge at intake valve closing was controlled by varying the amount of internal EGR
using negative valve overlap. A butterfly valve in the exhaust system was used to
regulate exhaust manifold pressure, thereby adjusting the flow of external EGR into
the intake manifold. To achieve flow, exhaust pressure was maintained about 5 kPa
above intake pressure throughout the experiment, and EGR percentage was varied
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by finely adjusting a needle valve in the EGR line. The EGR cooler was necessary
to maintain constant intake temperature at a target value of ∼ 40◦C.

An array of critical flow orifices and a thermal mass flowmeter are used to mea-
sure the air mass flow rate into the engine. Fuel flow rate is measured with a piston-
type positive-displacement flow meter. A wide range lambda sensor mounted in the
exhaust manifold is used to quantify equivalence ratio.

Full exhaust constituents are measured with a Horiba emissions analysis system.
Gases are probed in the exhaust plenum and transferred to the various analyzers
via a heated line, where molar fractions of NOx (chemiluminescence), THC (flame
ionization), CO, CO2 (non-dispersive infrared), and O2 (paramagnetic) are mea-
sured. Air-fuel ratio is also determined from calculations involving these quantities
[70]. Additionally, CO2 is measured in the intake runner and the external EGR per-
centage is computed based on the ratio of molar fractions of CO2 in the intake and
exhaust manifolds.

2.4 ENGINE CONTROL AND MEASUREMENT

A hydraulic dynamometer is used to provide load and regulate engine speed.
The engine’s crankshaft is mechanically connected to a hydraulic motor which is
connected to the pump via hydraulic lines. The engine controller is composed of
hardware from National Instruments and Drivven, Inc. Lab View based software
provided by Drivven was modified for our particular application. The NI FPGA
controller regulates spark and fuel injection timing and duration via Drivven spark
and fuel injector drivers. Equivalence ratio is easily adjusted with the fuel injection
pulse duration. The spark plug is fired by a MoTeC M DEN-580 inductive smart
coil, which is capable of only one ignition event per cycle. The coil is mounted just
above the engine head, and a short spark plug wire and boot connect the coil to the
plug terminal.

The low-speed data acquisition system (DAQ), which is also based on NI hard-
ware and Lab View, provides signal conditioning for flow rates and temperatures
with thermocouples and RTD sensors. Measured values include oil and coolant tem-
peratures, fuel and air mass flow rates, and temperatures at the intake and exhaust
ports.

The high-speed AVL combustion analysis system (CAS) samples pressure data
at 0.1 crank angle degree (CAD) resolution for 200 consecutive engine cycles. A
Kistler crank angle encoder is used to keep the CAS synchronized with the en-
gine. Absolute intake and exhaust manifold pressures are measured using Kistler
piezoresistive pressure sensors. The exhaust sensor is mounted in a cooled switching
adapter which helps to protect it from overexposure to high exhaust temperatures.
In-cylinder pressure is measured with a Kistler piezoelectric pressure transducer
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with a flame shield, which is pegged once per cycle near bottom dead center (BDC)
from the intake pressure sensor. It has been shown experimentally that the use of a
flame shield improves the sensor thermal characteristics by preventing hot burned
gas products from contacting the transducer face [59]. The highspeed DAQ also
monitors the valve lift signals from the Sturman controller unit.

2.5 EXPERIMENTAL PROCEDURE AND DATA
ANALYSIS

The experiment focused on two primary combustion regimes: HCCI and SACI.
Before attempting load extension, the engine was mapped in HCCI mode. The en-
gine was operated at unheated naturally-aspirated conditions using air and internal
EGR dilution to control load. Spark was not implemented and NVO sweeps were per-
formed at several different fueling rates (7-11.5 mg/cycle). For each fueling rate the
upper and lower NVO limits were set by ringing intensity and stability constraints,
respectively. A larger degree of NVO phased combustion earlier by increasing the
internal residual fraction, raising pre-combustion temperature. Earlier combustion
led to high rates of pressure rise, greater NOx emissions, and a higher ringing in-
tensity. Combustion was retarded through reduced amounts of NVO, resulting in
a lower charge temperature, slower rate of pressure rise, and longer burn duration.
The reduced pressure rise rate from combustion retard allowed fueling to be in-
creased again, and the process was continued until the viable range of NVO steadily
diminished and the limits of combustion were reached. Load was increased up to
the maximum load limit, at which point no NVO settings were possible to achieve
acceptable combustion. Tab. 2.4 lists the operating conditions for the first part of
the experiment.

The load extension portion of the study focused only on stoichiometric operating
conditions, similar to previous studies [16], [96] and [75]. As more fuel was injected
into the cylinder and temperatures increased, unacceptable levels of NOx emissions
were produced. By making the mixture stoichiometric at these higher loads through
the addition of external EGR, practical after-treatment with a standard threeway
catalyst (TWC) can be used. Accordingly, this study concentrated only on stoichio-
metric operation, so that NOx emissions were no longer a concern.

Load extension into the SACI regime was achieved using a combination of spark
assist, negative valve overlap, and cooled external EGR. As fueling rate was increased
beyond the limit of HCCI, cooled external EGR was added to decrease pressure rise
rates and avoid ringing; however, it also resulted in late and unstable combustion.
Small amounts of internal EGR were then added (via increased NVO) to phase
combustion earlier and achieve a stoichiometric mixture. External and internal EGR
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Parameter Value

Engine speed (rpm) 2000

Fuel flow rate (mg/cycle) 7 - 11.5

Fuel pressure (bar) ≈ 100

Intake pressure (bara) 1.0

Exhaust pressure (bara) 1.05

Intake temperature (◦C) 40

Negative valve overlap (CA◦) 150 - 250

Coolant temperature (◦C) 90

Oil temperature (◦C) 90

Valve lift height (mm) 4.0

Fuel injection timing (dBTDC) 48.1

External EGR (%) 0

Table 2.4: Experimental conditions during HCCI operation.

were adjusted until barely stable, stoichiometric combustion was obtained. Finally,
the spark was implemented to fine-tune the combustion phasing and provide further
stabilization. While internal and external EGR can also phase combustion, spark is
adjusted more finely and easily than the former parameters, making it a valuable
method of control.

This load extension strategy differs somewhat from other previously implemented
strategies. Szybist et al. [75] used only internal residual and late IVC to control
the effective compression ratio and combustion timing at spark-assisted high load
operation; no external EGR was used. Knock mitigation was also assisted by the
relatively low geometric compression ratio of the engine (11.85:1) as well as the use
of a high octane fuel. Cairns et al. [16] achieved 5.5 bar BMEP by modulating only
internal and external EGR. Spark was implemented at a constant timing, but it was
not the focus of the control strategy. The study presented here builds on these two
former strategies to combine the effects of iEGR, eEGR, and spark advance. Tab. 2.5
provides more details about the experimental conditions during this portion of the
study.

Heat release analysis was carried out to determine combustion characteristics,
estimated temperatures, and residual gas fractions. Combustion phasing was deter-
mined by CA50, the crank angle at which 50% of the fuel mass was burned. This
quantity was determined from the apparent heat release rate (AHRR) computed
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Parameter Value

Engine speed (rpm) 2000

Fuel flow rate (mg/cycle) 12.5-24

Fuel pressure (bar) 100

Intake pressure (bar) 1.0

Exhaust pressure (bar) 1.05

Intake temperature (◦CC) 40 – 50 (varies with eEGR)

Degrees of negative valve overlap 175 to -5

Coolant temperature (◦CC) 90

Oil temperature (◦CC) 90

Spark advance (dBTDC) 22-43

Spark Dwell (ms) 5.4

Fuel injection timing (dBTDC) 330

External EGR (%) 12-25

EGR Coolant Temperature (◦CC) 60

Table 2.5: Experimental conditions during load extension (SACI mode).

from an average of 200 cycles of cylinder pressure data, to which a 5 kHz low-pass
filter was applied. A modified Woschni heat transfer correlation with variable mix-
ture properties was used to calculate the apparent (gross) heat release and determine
the curve of mass fraction burned [17].

Accurate temperature determination is important for the study of HCCI com-
bustion since it is highly sensitive to this parameter; however, this process can be
difficult for NVO operation since the residual mass is often a large portion of the
total inducted mass. Therefore, trapped mass (including fuel, air, and residual) was
computed using the methodology by Fitzgerald et al. [27], which was developed for
an HCCI engine with NVO. Average in-cylinder temperature was then determined
using the equation of state and in-cylinder pressure averaged over 200 cycles.

Combustion stability was quantified by cycle-to-cycle variability of NMEP over
200 engine cycles. For this experiment, the limit was defined by a COV of NMEP
greater than 5.0%. At retarded combustion timings, high rates of expansion were
encountered, causing temperature rise rates to decrease. Eventually, small variations
in precombustion temperature caused large variations in combustion timing.

The engine was also limited by high rates of pressure rise, which caused un-
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acceptable ringing that could lead to engine damage. For this experiment, ringing
intensity RI (MW/m2) was determined from the average filtered pressure trace using
the following equation developed by Eng [24]:

RI [MW/m2] =
1

2 γ

(0.05 dP
dtmax

)2

Pmax

√
γ RTmax. (2.1)

In this expression, (dP/dtmax) is the maximum pressure rise rate (kPa/msec),
Pmax is the peak cylinder pressure (Pa), Tmax is the peak cylinder temperature
(K), γ is the ratio of specific heats, and R is the gas constant (J/kg/K). Ringing
intensity was limited to 4.0 MW/m2 based on the appearance of large pressure fluc-
tuations near TDC and the onset of disconcerting combustion noise. NOx emissions
were also a concern for these advanced combustion regimes. For lean operation, the
NOx index was limited to 1.0 g/kg-fuel, which provided a good estimation for the
US-2010 emission standard [20]. However, the NOx constraint was relaxed when the
mixture was stoichiometric.

2.6 RESULTS AND DISCUSSION

2.6.1 HCCI OPERATING REGIME

With the limits of combustion in mind, the usable range of HCCI was mapped.
Fig. 2.3 (a) shows load plotted against NVO while Fig. 2.3 (b) shows load plotted
against CA50 (combustion timing) for the usable HCCI regime. As indicated in
Fig. 2.3 (a), at low loads, a large range of NVO could be spanned before the limits
of combustion were reached. However, at high loads, slight changes in NVO had
a greater effect on combustion. As fueling was increased, the limits of ringing in-
tensity and instability converged and the operating range became narrower. At the
maximum achievable load, only four degrees of NVO separated heavy ringing from
unstable combustion. Beyond this fueling rate, combustion phasing could not be ad-
justed (to mitigate ringing intensity) while still maintaining acceptable combustion
stability. NOx emissions for the entire region did not exceed 1.0 g/kg-fuel.

In this HCCI regime, the maximum achieved load was ∼ 3.7 bar NMEP. Others,
notably Dec et al. [20] have managed to achieve naturally-aspirated HCCI up to
5.0 bar IMEP, possibly due to a different HCCI strategy, which relied on a high
compression ratio and intake air heating, rather than internal residual. In this ex-
periment, NVO added another degree of complexity to the engine by introducing
cycle-to-cycle feedback. Combustion behavior was affected mostly by the thermal
properties of the gases from the previous cycle and not by the incoming conditions,
which can be controlled more easily. For partial-burn cycles at high loads, the NVO
retained excess unburned fuel for the following cycle, causing advanced combustion
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Figure 2.3: The usable HCCI operating regime, (a) load vs. degree of NVO for
various fueling rates (7-11.5 mg/cycle), and (b) load vs. combustion timing (CA50).

and ringing. Oscillations between early and late combustion continued, eventually
leading to misfire. Thus, the current setup is inherently less stable than that of Dec
et al.

2.6.2 THE SACI REGIME

Spark Advance Sweep at Constant Load

This load extension strategy relied heavily on spark assist to control the start
of ignition and combustion phasing. To show the spark effect, a spark sweep was
performed at constant NVO (shown in Fig. 2.2) at ∼5 bar NMEP, well into the
SACI regime. Spark timing was set at 28 dBTDC and NVO and external EGR
were adjusted to establish stable combustion while maintaining a stoichiometric
equivalence ratio. Fuel flow was ∼16 mg/cycle, and the internal and external EGR
fractions were ∼29% and ∼ 16%, respectively. Under these conditions, the spark
timing was then varied andits effect on combustion phasing was studied.

Fig. 2.4 shows the effect of spark timing on cylinder pressure, temperature, and
apparent heat release rate as the spark was advanced from 28 to 35 dBTDC. As
seen in Fig. 2.4(a), the in-cylinder pressure trace changed noticeably as spark was
advanced. Earlier spark timing resulted in earlier combustion, higher rates of pres-
sure rise, and higher incylinder pressures and temperatures, as seen in Fig. 2.4(b).
Spark advance also resulted in earlier, more rapid heat release, seen in Fig. 2.4(c).
These results agree with Persson et al. [60], who showed that spark advance can be
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Figure 2.4: The effect of spark timing on (a) cylinder pressure, (b) cylinder
temperature, and (c) apparent heat release rate at ∼5 bar NMEP (∼16 mg/cycle
fueling rate).

used to phase combustion even when the majority of the heat release comes from
auto-ignition. The heat release curves of Fig. 2.4(c) show two distinct regions: an
initial region of slow heat release, consistent with flame propagation, is followed by
rapid heat release, characteristic of bulk auto-ignition. These combined combustion
modes are representative of SACI, and optical experiments have noted similar be-
havior within this region [92], [42]. The transition from one mode to the other can be
defined by a rapid change in slope of the heat release rate, as described by Persson
et al. [60]. While SACI flame propagation is perhaps slower than SI flame propaga-
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tion, it can be tolerated due to increased burn rates from autoignition. These results
show that SI flame propagation and HCCI auto-ignition can exist together at these
operating conditions.

Fig. 2.5(a) shows the effect of spark advance on CA10, CA50, and CA90. The
10% burn point (CA10) is typically used to represent the start of combustion. As
spark was advanced, combustion was initiated earlier and CA10 decreased. CA50
also decreased at a similar rate. As the autoignition event occurred earlier in the
cycle, the overall heat release became faster and burn duration was shortened. As a
result, CA90 decreased at a faster rate than both CA10 and CA50.

Figure 2.5: The effect of spark timing on combustion characteristics including (a)
CA10, CA50, and CA90, (b) NOx emissions, (c) ringing intensity.

Fig. 2.5(b) and Fig. 2.5(c) show the effect of spark advance on NOx emissions and
ringing intensity, respectively. Both plots show the same increasing trend with spark
advance. Earlier combustion produced higher cylinder pressures and temperatures
that resulted in increased NOx concentrations, yet these temperatures remained
relatively low due to high levels of charge dilution. As a result, the NOx emissions
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never exceeded 1.0 g/kg-fuel. Ringing intensity also increased with spark advance
due to higher pressure rise rates. However, the increased burn duration (due to
flame propagation) compared to normal HCCI kept ringing intensity well below the
acceptable limit of 4.0 MW/m2 at the most advanced spark timing.

Fig. 2.6(a) and Fig. 2.6(b) show engine load and net indicated specific fuel con-
sumption (NSFC) consistent with the combustion phasing seen in Fig. 2.5. Load
increased with spark advance at a constant fueling rate, indicating a higher thermal
efficiency. As a result, NSFC (fuel energy input per engine power output) decreased.

Figure 2.6: The effect of spark timing on fuel economy, (a) NMEP vs. spark
advance and (b) NSFC vs. spark advance.

Load Sweep at Constant CA50

A sweep in which load was varied while maintaining constant combustion timing
was also conducted. At each load, iEGR, eEGR, and spark timing were adjusted to
achieve a CA50 of ∼10 dATDC. Fig. 2.7 depicts the valve control strategy used as
fuel and air were increased in equal ratio to maintain a stoichiometric mixture. At
higher load, the required airflow was achieved by decreasing NVO and raising the
valve lift. This change in NVO decreased the internal residual fraction and lowered
maximum cylinder pressure during the recompression portion of the cycle. To achieve
the required stoichiometric mixture, cooled external EGR was increased slightly to
replace part of the internal EGR. This effect, as well as the decrease in NVO, helped
to decrease precombustion temperatures, retard combustion, and prevent knock at
higher load. As load increased, the valve profiles transitioned from high NVO, low
lift (typical for HCCI) to high lift, full duration events.
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Figure 2.7: Valve strategy for extending the high load limit (arrows indicate
increasing load).

Fig. 2.8(a) depicts the variation in internal and external EGR as load was in-
creased. As load increased, the sum of internal and external EGR was required to
decrease in order to obtain the necessary airflow. In addition, external EGR replaced
a portion of the internal EGR. This additional external EGR helped to maintain
a stoichiometric mixture, lower the incylinder temperature, and prevent the onset
of knock as load increased. Fig. 2.8(b) shows that the required spark advance also
increased with load. At higher loads, pre-combustion temperatures decreased (due
to less thermal energy from the internal residual), and the combustion process re-
quired more time for completion. Therefore, a more advanced spark was required to
maintain constant CA50.

Fig. 2.9 represents the combustion characteristics of the load sweep. In Fig. 2.9(a),
as load was increased from 4.9 bar to 7.3 bar NMEP, combustion appeared to transi-
tion from HCCI-like to Si-like. The heat release curves show a similar trend, as seen
in Fig. 2.9(b). As load increased, overall burn duration increased due to more flame
propagation, and combustion was initiated earlier to maintain constant CA50. The
heat release occurred more slowly and peak heat release rate decreased. Moreover,
as load increased, less energy was released during the late bulk auto-ignition pro-
cess. From the temperature curves in Fig. 2.9(c), it is apparent that pre-combustion
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Figure 2.8: Control strategy for load extension at constant CA50, (a) required
external and internal EGR percentages as load increased, (b) required spark advance
as load increased.

temperatures decreased as load increased. This was due to a lower fraction of hot
internal residual (a result of decreased NVO) and a higher percentage of cooled ex-
ternal EGR. These lower pre-combustion temperatures were necessary to prevent
engine knock at higher load. As pre-combustion temperature decreased, the region
of flame propagation became a larger portion of the overall combustion process. As
a result, the pressure and heat release curves began to resemble those of SI com-
bustion. For each load point, peak cylinder temperatures were kept relatively low,
consistent with dilute operation.

Fig. 2.10(a) shows the variation in CA10, CA50, and CA90 during the load sweep.
CA10 occurred earlier as load was increased due to the advance in spark timing.
CA50 was held constant throughout the load sweep, as required by the control
strategy. CA90 increased with load due to an increase in burn duration as fast auto-
ignition was replaced by flame propagation. Although combustion began earlier, it
ended later due to the slow nature of the flame.

Fig. 2.10(b) shows ringing intensity and maximum rate of pressure rise (MPRR)
as load was increased. Ringing intensity is a function of the MPRR of the average
low-pass filtered cylinder pressure trace. At the lower end of the SACI regime, where
the pressure trace resembled HCCI, there was a distinct region of auto-ignition,
which had a high MPRR. As flame development increased with load, the MPRR
decreased dramatically. As spark was advanced further to counteract the effect of
flame speed, combustion was initiated earlier in the cycle and the maximum rate
of pressure rise steadily increased. At high load SACI, ringing intensity became a
tradeoff between the maximum heat release rate (depending on combustion mode)
and spark timing. Ringing intensity did not exceed 4.0 MW/m2 for any of these
operating conditions.

Despite the behavior of ringing intensity, NOx emissions in Fig. 2.10(c) followed

25



2 Bridging the Gap between HCCI and SI: Spark-Assisted Compression Ignition

Figure 2.9: The effect of increasing NMEP (using spark, external and internal
EGR) on (a) cylinder pressure, (b) apparent heat release rate, and (c) cylinder
temperature.

an increasing trend with load. Although average temperatures remained low due
to heavily dilute operating conditions, it is thought that in-cylinder temperature
gradients became larger as flame propagation became more prominent. The burned
region around the flame was much hotter than the region near the walls, and these
high temperatures were responsible for the increase in engine-out NOx emissions.
Although these levels exceeded the US-2010 standard, they could still be treated
effectively since the overall mixture was stoichiometric.
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Figure 2.10: Combustion characteristics with increasing NMEP, including (a)
CA10, CA50, and CA90, (b) ringing intensity, (c) NOx emissions.

Mapping the SACI Regime

In Fig. 2.11, the regions of HCCI and SACI combustion are plotted with respect
to load and combustion timing. SACI was achieved at several fueling rates (12.5-24
mg/cycle), which correspond to the various lines on the plot. With each increase
in fueling rate within the SACI region, internal and external EGR were adjusted
to maintain a stoichiometric mixture and provide the pre-combustion temperatures
necessary for barely stable operation. Spark was then advanced until the ringing
intensity limit was reached or endgas knock became apparent. As load increased, the
acceptable range of CA50 shifted later in the cycle to avoid high pressure rise rates.
A maximum load of about 7.5 bar NMEP was achieved in the SACI combustion
regime.

Fig. 2.12 shows the combustion behavior at 7.3 bar NMEP and CA50 ∼10
dATDC. At this condition, end-gas knock developed due to the high compression
ratio of the engine (12.5:1). This condition was not accompanied by a high ring-
ing intensity and resembled traditional SI knock. Attempts to mitigate this knock
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Figure 2.11: The regions of HCCI and SACI combustion.

through spark retard were unsuccessful and led to significant deterioration in com-
bustion stability. Increasing external EGR fraction was not possible while maintain-
ing a stoichiometric mixture, as the valves were at full duration and lift, ensuring
a minimal internal EGR fraction. A late IVC strategy was attempted to decrease
the effective compression ratio, but this led to a decline in NMEP, as the engine
appeared to be limited by air induction.

Various contour plots of the SACI regime are seen in Fig. 2.13, 14, and 15.
Fig. 2.13(a) shows the decrease in NVO as load was increased. This decrease oc-
curred so that air induction into the cylinder could be increased at higher fueling
rates. The lower internal residual fraction that resulted was responsible for decreas-
ing pre-combustion temperatures and lowering the tendency of the mixture to auto-
ignite. At the highest loads, positive valve overlap was achieved, resulting in a very
small internal residual fraction, as seen in Fig. 2.13(b). Fig. 2.13(c) shows that exter-
nal EGR fraction increased with load to dilute the charge, maintain a stoichiometric
mixture, and prevent the onset of knock. While external EGR increased, internal
EGR decreased more substantially, causing a reduction in total in-cylinder residual
as load increased.

To quantify the limits of the various combustion regimes, including both air and
EGR dilution, the metric phi prime (φ′) was used, defined as
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Figure 2.12: End-gas knock/unstable behavior for high load SACI (7.3 bar NMEP,
CA50 10dATDC) – 200 consecutive cycles of cylinder pressure data.

φ′ =
F

A + R

(F
A
)ST

=
φ · (1 − RGF )

1 + RGF · φ · (F
A
)ST
≈ φ · (1 − RGF ). (2.2)

where mass of fuel, air, and residual are denoted by F, A, and R respectively,
and φ is the operating equivalence ratio. The subscript ST denotes stoichiometric
conditions. RGF is the total residual gas fraction, including both internal and ex-
ternal EGR. The approximation holds because the second term in the denominator
is small compared to one. Essentially, (φ′) is a measure of the specific energy of the
charge (the amount of fuel compared to air and residual) and approximates IMEP
well for a naturally-aspirated engine operating under dilute conditions [49]. Since
(φ) was equal to ∼1.0 for the entire experiment, (φ′) provided a measure of EGR
dilution at each load condition. Since EGR dilution decreased as load increased, a
higher (φ′) was achieved.

Fig. 2.13(d) shows (φ′) at various SACI conditions. From the graph, the max-
imum (φ′) reached for this experiment was ∼0.7. According to the literature [41],
this value is approximately the lean limit for SI combustion. Therefore, SACI can
be used to bridge the gap between unassisted HCCI and conventional SI by relying
on increased unburned temperatures to sustain flame propagation. As(φ′) increases,
so does the strength of the flame. This was noticed in Fig. 2.9(b), where the fraction
of the flame propagation heat release increased with (φ′). Zigler [100] showed with
optical engine experiments that spark-initiated reaction fronts are weak for low (φ′)
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Figure 2.13: Changes in residual gas content within the SACI regime as load is
increased, including (a) NVO (deg), (b) internal EGR fraction, (c) external EGR
fraction, and (d) phi prime (φ′).

values and become more well-defined as (φ′) increases.
Ringing intensity, as shown in Fig. 2.14(a), appears to only be an issue at low

load conditions with advanced spark timings. At these points, the combustion was
still primarily volumetric and resembled that of HCCI. The early autoignition event
caused a rapid increase in cylinder pressure, which correlated to a high ringing
intensity. Ringing was evaluated with Eng’s equation [24] based on the slope of the
main combustion event. As noted earlier, as load increased and flame propagation
became more prominent, end-gas knock began to occur due to the engine’s high
compression ratio. This high load knock was not captured in Fig. 2.14(a) because it
occurred intermittently from cycle-to-cycle; therefore, the average magnitude of the
knock over 200 cycles was much lower than that of the cycle-based ringing events.
The peak rate of pressure rise in SI knock was also much lower than in HCCI
auto-ignition, as the majority of the mass had already been burned when the SI
knock occurred. Ringing and end-gas knock are different phenomena and should be

30



2 Bridging the Gap between HCCI and SI: Spark-Assisted Compression Ignition

Figure 2.14: Combustion characteristics in the SACI regime, including (a) ringing
intensity (MW/m2), (b) COV of NMEP (%), and (c) EI-NOx (g/kg-fuel).

evaluated using different methods. Ringing appears to be an appropriate measure
of potentially harmful energy release when a relatively dilute charge ignites more or
less homogeneously, while end-gas knock refers to auto-ignition of a small portion of
the charge, but with a relatively high local energy content (φ′) as seen here at high
load.

Fig. 2.14(b) shows combustion stability as quantified by COV of NMEP through-
out the SACI regime. In an attempt to avoid the knocking behavior at high load,
spark timing was retarded. However, this resulted in late and unstable combustion.
These knock problems could potentially be solved through the addition of more ex-
ternal EGR. However, at the high load conditions, it was impossible to do this and
maintain a stoichiometric mixture, as the valve events were at full lift and duration.
A late IVC strategy led to a decrease in NMEP.
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Fig. 2.14(c) shows that NOx emissions increased significantly at higher loads.
This was due to stronger flame development and higher burned zone temperatures
as load was increased. As seen in Fig. 2.9(c), average in-cylinder temperatures re-
mained low throughout the load sweep due to charge dilution with EGR. However, as
flame propagation became more prominent, two distinct burned and unburned zones
developed, the temperature of the burned zone (consumed by the flame) being much
higher than the temperature of the unburned zone (not yet consumed by the flame).
As flame development increased with load, the temperature of the burned zone in-
creased significantly, leading to greater NOx emissions. The US-2010 standard was
exceeded for the majority of the SACI regime. However, since the overall mixture
was stoichometric, these emissions could be treated with a three-way catalyst.

Figure 2.15: Efficiency characteristics in the SACI regime, including (a) NSFC
(g/kW-hr) and (b) PMEP (kPa).

Fig. 2.15(a) shows the variation in NSFC with load and combustion timing. Over-
all, it appears that NSFC increased as combustion was retarded. NSFC was espe-
cially high at the high load conditions, possibly due to the increased COV of NMEP
encountered at these operating points. Although the range of PMEP was relatively
low, as shown in Fig. 2.15(b), it could help explain the shape of the NSFC diagram.
The increase in NSFC at low load can be explained by the increase in pumping work
as the result of a high degree of NVO. Pumping work decreased as load increased,
and NSFC became heavily affected by combustion timing in this region.
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2.7 CONCLUSIONS

The engine was mapped first in lean HCCI mode, and fueling rate was steadily
increased until the ringing/instability limit of combustion was reached. Load exten-
sion into the SACI regime was then accomplished by increasing fueling rate and
using a combination of spark assist, internal EGR, and cooled external EGR to con-
trol pressure rise rates. The engine was operated at unheated, naturally-aspirated
conditions throughout the experiment, and engine speed was maintained at 2000
rpm.

This study showed that stable, dilute, and efficient combustion could be achieved
with SACI at loads above the allowable limits for naturally-aspirated HCCI. The
SACI combustion mode provided a pathway of transition from pure HCCI to pure
SI. The following results were also obtained.

1. Lean HCCI without spark assistance was achieved up to ∼3.7 bar NMEP.
Combustion phasing was heavily dependent on the degree of NVO and the fraction
of hot internal residual under certain conditions. A large degree of NVO intro-
duced complex cycle-to-cycle feedback, which greatly affected combustion stability
at higher loads.

2. Load extension was achieved using a combination of spark assist and EGR
dilution. Maintaining a dilute mixture limited maximum in-cylinder temperatures,
increasing Poison’s constant of cylinder charge and allows for more efficient operation
than conventional SI at the same load conditions. A maximum load of ∼7.5 bar
NMEP was achieved within the SACI region. At these loads, NOx emissions exceeded
current emission standards; however, conventional after-treatment could be used due
to the stoichiometric mixture.

3. Within the SACI regime, spark advance had a major effect on combustion
behavior, causing an increase in peak cylinder pressure and temperature. CA50 was
advanced, heat release occurred earlier, and burn duration decreased as spark was
advanced. Ringing intensity and NOx emissions also increased due to higher rates
of pressure rise and in-cylinder temperature. Expansion work and engine efficiency
increased as combustion became more “constant volume” for a given fueling rate.

4. Within the SACI regime, heat release analysis showed a noticeable region of
flame propagation followed by autoignition. Features of HCCI combustion and SI
combustion co-exist throughout the regime.

5. It was possible to transition from low load HCCI combustion to high load SI
combustion. As load increased, rapid auto-ignition was replaced by flame propaga-
tion, burn duration increased, and spark timing was advanced to maintain constant
combustion phasing. Pre-combustion temperatures decreased as a portion of the hot
internal EGR was replaced by cooled external EGR. At higher loads, flame propa-
gation became more effective in reducing pressure rise rates and combustion noise.
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Peak combustion temperatures were kept relatively low due to air and EGR dilution,
resulting in high thermal efficiency.

6. The ringing intensity calculation of Eng [24] was appropriate mainly to de-
scribe the combustion noise associated with homogeneous auto-ignition. The result-
ing value depended heavily on the maximum rate of pressure rise associated with the
primary combustion event. This equation was not effective at identifying the pres-
ence of end-gas knock at higher load SACI conditions. Ringing was only apparent
at lower load where the combustion resembled that of HCCI. In this sense, ringing
intensity can actually be used to differentiate between HCCI-like combustion and
Si-like combustion, since the ringing intensity for the latter mode was always quite
low.

7. The relatively high compression ratio (12.5:1) of this engine created problems
with end-gas knock at the higher load operating conditions. Retarding the spark
in an attempt to mitigate this phenomenon only resulted in unstable combustion.
Decreasing the effective compression ratio through late IVC created challenges with
maintaining high IMEP.

8. NOx emissions increased significantly at high load SACI conditions due to the
greater proportion of flame propagation heat release and the appearance of distinct
burned and unburned mixture zones. Average in-cylinder temperatures remained
low, but temperature gradients became larger as a result of stronger flame develop-
ment.

9. SACI allowed for successful engine operation above the HCCI ringing limit and
below the SI misfire limit, bridging the gap between the two combustion regimes.
Just above the HCCI limit, increased unburned temperatures allowed weak flames to
be sustained at very diluted mixtures. These flames helped induce auto-ignition when
the mixture was too cold to auto-ignite consistently without spark. As load increased,
flame development became stronger and total internal residual was reduced, resulting
in lower unburned temperatures.
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Chapter 3

Knock In Various Combustion
Modes in a Gasoline-Fueled
Automotive Engine

3.1 INTRODUCTION

Recent research shows that spark-assisted compression ignition (SACI) can
bridge the gap between HCCI combustion at low load and SI combustion at full load
engine operation [96], [52], [75]. Within the SACI region, a portion of the mixture is
burned by flame propagation, followed by controlled auto-ignition of the remaining
charge. A conceptual modeling study was carried out for a naturally aspirated
gasoline fueled automotive engine with a 12:1 compression ratio [50]. The results
of this study are shown in Fig. 3.1, which maps the pathway from low load to full
load operation using various methods of load control. The lowest (baseline) thermal
efficiency corresponds to throttled spark ignition (SI) stoichiometric operation.
Unthrottled operation using an early intake valve closing (EIVC - dashed line)
strategy can slightly improve this efficiency. Advanced combustion, such as HCCI
with air and/or EGR dilution, has the potential to significantly improve thermal
efficiency (top two lines in Fig. 3.1), not only because pumping losses are minimized,
but because peak combustion temperatures remain low, resulting in a high ratio of
specific heats γ. Fuel-to-charge ratio φ′ ≈ φ (1 − EGR) is displayed in the figure
along the advanced combustion curve as a measure of the charge dilution with the
EGR (Exhaust Gas Recirculation).

Fig. 3.2 shows the results from an experimental study [52] performed on the
FFVA (Fully Flexible Valve Actuation) single cylinder research engine at the Uni-
versity of Michigan. Net specific fuel consumption (NSFC) and specific NOx pro-
duction for points of optimum combustion phasing in HCCI and SACI are plotted

35



3 Knock In Various Combustion Modes in a Gasoline-Fueled Automotive Engine

Figure 3.1: Conceptual model study results: pathways from low to high load using
advanced combustion at naturally aspirated conditions.

as a function of engine load (net mean effective pressure). Approximately 400 kPa
is the load limit for HCCI combustion controlled solely by negative valve overlap
(NVO). Beyond this point stable HCCI combustion was no longer possible because
of the simultaneous occurrence of misfire and knock.

A practical limit in NOx emissions (1.0 g/kg fuel) was reached for lean opera-
tion (φ<1) without exhaust aftertreatment at this point as well. For this reason, a
stoichiometric air-fuel mixture strategy (φ=1) was used as load was increased be-
yond the limits of HCCI and into the SACI regime. This strategy is compatible
with three way catalyst aftertreatment and effectively removes the NOx constraint.
Recent studies [96] and [75] show similar conclusions. Spark and external EGR had
to be introduced to achieve stable combustion and avoid knock within the SACI
regime, where a portion of the mixture is first consumed by flame propagation, fol-
lowed by controlled auto-ignition of the remaining charge. Load was increased by
varying the proportions of cooled external to hot internal EGR together with spark
timing control. The ratio between flame propagation and auto-ignition was gradu-
ally increased with load, until SI-like combustion was reached at the highest load
condition. For both of the aforementioned combustion modes, high load operation
was limited by the presence of knock as seen in Fig. 3.2.

The objectives of this study are to explore the differences between HCCI and
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Figure 3.2: Experimental study results [52] NSFC and NOx emission index vs.
engine load for optimum combustion phasing points at various combustion modes.

end gas knock and to apply and compare a number of commonly used metrics for
knock and noise over the range of HCCI, SACI and SI combustion. In view of the
importance of knock limiting the HCCI, SACI and SI combustion, numerous knock
metrics have been developed and used in the combustion engine community. It is
unclear whether the different commonly used metrics agree with one another within
and between different combustion modes. To our best knowledge, this is the first
time these different metrics have been applied and compared for various combustion
modes.

3.2 EXPERIMENTAL SETUP

All experimental data presented in this study were acquired with a FFVA sin-
gle cylinder research engine at the Walter E. Lay Automotive Laboratory at the
University of Michigan. Tab. 2.1 lists the specifications of the engine.

The engine is equipped with a Sturman Hydraulic Valve System that allows
independent control of all intake and exhaust valves. The system allows continuously
variable lift and valve event duration, with up to two valve events per cycle. Fig. 2.1
shows a schematic of the FFVA engine setup. A sketch at the figure Fig. 3.3 shows
the position of the spark plug, injector, valves and cylinder pressure transducer
in the engine head. Cylinder pressure is measured with a Kistler 6125A uncooled
piezoelectric pressure transducer mounted in the corner of the cylinder head along
the axis of the pent-roof. The pressure transducer is connected to the combustion
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chamber via a ∅4.0 mm x 4.0 mm passage in the cylinder head. A heat shield
with multiple holes is installed over the diaphragm of the sensor to protect it from
thermal shock [91] caused by fast change in temperature of burned gas products.
Natural frequency of the pressure sensor itself is 75 kHz. Natural frequency of the
Helmholtz resonator model [91] of the passage and the cavity varies between 34 to
60 kHz within the temperature range between 500 and 1500 K. For a multiple slots
heat shield Randolph [62] reports Helmholtz resonance at 84 kHz at 200◦C. Since
acoustic-wave frequencies for the passage and the sensor heat shield are significantly
higher than the expected acoustic frequencies of the waves caused by knock, the
distortion of the pressure signal has been neglected.

The signal from the transducer is amplified using an IFEM AVL charge amplifier.
Crank angle based cylinder pressure is sampled with a resolution of 0.1 crank angle
degrees. A 2613B Kistler crank angle encoder is installed at the free end of the
crankshaft. All measured points reported in this study are taken at steady state at
a constant engine speed of 2000 rpm. Uniform crankshaft angular speed over the
cycle is assumed during cylinder pressure analysis. The engine is equipped with a
heavy flywheel thus limiting crankshaft speed variation within +/− 20 rpm during
the cycle. This variation at the average engine speed 2000 rpm is considered not to
significantly affect any of the results shown in this paper.

Figure 3.3: Position of the spark plug, injector, valves and cylinder pressure
transducer in the engine head.

Pressure records of 200 consecutive cycles are acquired for each operating point.
An AVL Indiset 642 high-speed data acquisition system is used for all crank angle
based measurements. A low speed data acquisition system based on National Instru-
ments hardware and LabView software is used for all time based measurements of
pressures, mass flows and temperatures in the engine’s peripheral systems. Coolant
and lubrication oil flow and temperatures are maintained at constant values using
PID controllers. Engine injection, spark timing and dwell are adjusted manually. A
more detailed description of the experimental setup, data acquisition systems and
post processing tools used in this study can be found in Manofsky et al. [52]. An au-
tomated and integrated low and high speed postprocessing code, developed in-house,
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is used for heat release analysis.

3.3 HCCI AND SI KNOCK

The high load operation of HCCI and SI combustion is limited by knock, which
is caused by elevated temperatures that lead to rapid auto-ignition, resulting in in-
cylinder pressure oscillations. The transfer of these oscillations to the engine struc-
ture causes vibrations. Excessive noise caused by structure vibration is usually the
first symptom of knock. Knock also increases heat transfer from the working fluid to
the walls and if left uncontrolled it can lead to severe engine damage. Two examples
of knock from this study are shown in the cylinder pressure traces of Fig. 3.4. The
image on the left depicts high load HCCI knock, while the one on the right resembles
SI knock. The shaded area represents the envelope of unfiltered pressure traces in
the record of 200 cycles. The size of the area corresponds to the magnitude of the
cylinder pressure variation at each crank angle. The smooth curves that lie within
the envelope represent the filtered average cycle and the curve that lies at the upper
boundaries of the envelope represents the unfiltered pressure trace of the cycle with
the highest peak cylinder pressure.

Figure 3.4: HCCI “volumetric” knock at 3.7 bar NMEP (left), SI “end gas” knock
at 7.1 bar NMEP (right).

The “volumetric” HCCI knock case, in which auto-ignition is generally believed
to be initiated simultaneously at multiple locations within the cylinder, is displayed
on the left-hand side of Fig. 3.4. On the right, SI “end gas” knock can be described
as a small autoignition pocket near the wall, where the energy density, pressure,
and unburned temperature are higher than the energy density in diluted HCCI
operation. To illustrate the differences, a Fast Fourier Transformation (FFT) on
a cycle-to-cycle basis was applied to the two aforementioned cases to analyze the
knock and describe the main difference between “volumetric” and “end gas” knock.

39



3 Knock In Various Combustion Modes in a Gasoline-Fueled Automotive Engine

High-pass filtered pressure traces (5 kHz cutoff frequency) were cropped within the
crank angle window from -20◦ to +120◦ aTDC and were used as an input to the
FFT analysis. Fig. 3.5 depicts the amplitude-frequency spectrum of the pressure
oscillations over 200 consecutive engine cycles. The frequency distribution of the
HCCI “volumetric” knock shows a steady knock pattern with one dominant frequency
of the first circumferential oscillation mode. Other oscillation modes show uniform
decrease in amplitude. SI “end gas” knock on the other hand shows a less uniform
distribution in frequencies, a larger difference in knock magnitude from the first
to the second circumferential modes and cycle-to-cycle behavior with irregularly
distributed peaks. SI knock is believed to show more variation because it starts at
one, localized location that moves from cycle to cycle. SI knock also typically begins
after TDC, while the cylinder charge is expanding. If an auto-ignition does not occur
near TDC, it is less and less likely to occur at a later time. HCCI knock, on the other
hand, begins in the bulk gas and is less likely to vary as much spatially. HCCI knock
also occurs closer to TDC, so if it doesn’t occur at one crank angle, the likelihood
of it occurring in subsequent crank angles is high.

Figure 3.5: Cycle-cycle FFT analysis of high pass cylinder pressure data for knock
at HCCI 3.7 bar NMEP (left), and SI 7.1 bar NMEP (right).

3.4 KNOCK QUANTIFICATION METHODS

The following section summarizes the most commonly used filtering techniques
for knock identification. To be used in real time in the laboratory, these methods
should be fast and simple enough to be carried out on a cycle-to-cycle basis so
that knock can be detected quickly to avoid engine damage. Runaway knock can
damage the engine within several cycles, so it is important that the robustness of the
knock evaluation method and computational effort be optimized. Various filtering
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techniques applied to measured cylinder pressure traces are used to quantify knock.
According to König et al [48] mechanical and thermal wall stress during develop-

ing detonation increased four and three times respectively compared to deflagration.
Syrimis et al [72] show a correlation between heat flux and knock intensity at light
and heavy knock. Light knock shows the increase in heat transfer in the piston area
inside the end-gas region, while heavy knock results show heat transfer increases over
the entire piston. They used two knock parameters based on the band pass filtered
pressure data RMS (PRMS) and max amplitude (4Pmax) of the band pass filtered
cylinder pressure oscillation. The PRMS was found to be more reliable knock indi-
cator than other indices. Chun et al calculated the knock intensity from the cylinder
pressure data using a digital bandpass filter with 5 to 10 kHz bandpass [18]. The
maximum amplitude (Pmax–Pmean) of the filtered pressure was used as a measure
of the knock intensity. Börje et al. [30] report increased heat flux for selected cycles
with knock intensity. The maximum amplitude of the high pass pressure oscillation
(4Pmax) was determined as a knock intensity measure in their study. König and
Sheppard [47] adopted the “knock intensity factor” Eq. (3.1) which had been found
by earlier workers to correlate with the development knock damage in combustion
chamber.

KI20 =

Nsamp∑
i=1

(P (i)− Pmean)2
1

Nsamp

. (3.1)

(where Pmean is the average pressure value – zero level of the high pass filtered
data and Nsamp is the number of pressure samples within 20◦ crank angle range
following the offset of the first pressure pulse). All of the above methods have in
common, a reliance on various forms of high pass filtering of the pressure trace.

High Pass Ringing Intensity

According to [5], the excitation of the engine structure is due to the first few
waves of pressure oscillations, and it is proportional to the acoustic intensity of
these waves. The intensity of acoustic waves can be expressed as Eq. (3.2)

I =
1

2 γ

(4P )2

P

√
γ RT , [Wm−2] (3.2)

where γ is the ratio of specific heats, 4P is the pressure fluctuation amplitude,
P is pressure, R is the gas constant, and T is temperature.

Eng [24] named this quantity ringing intensity. In this study, we will use the term
High Pass Ringing Intensity to describe this equation, because a high pass filtered
pressure trace is used as the input.
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In our implementation of the High Pass Ringing Intensity formula, a 5 kHz two
pole Butterworth high pass filter is applied to a measured cylinder pressure trace.
For each individual cycle a maximum amplitude (peak-to-peak) 4Pmax of filtered
pressure data is found and used as an input into equation Eq. (3.2). Pmax is the peak
cylinder pressure, R is the gas constant, and Tmax corresponds to peak cylinder
temperature.

RIHP =
1

2 γ

(0.05 dP
dtmax

)2

Pmax

√
γ RTmax [W/m2]. (3.3)

To be able to calculate this quantity in real-time without having to evaluate
composition and maximum temperature, a simplified form Eq. (3.4) has been derived
from equation Eq. (3.2), using kPa as units of pressure.

RIHP = 3200
(4Pmax)2

Pmax
[MWm−2]. (3.4)

The formula was compared to the more complete version and found to be valid
over a wide range of operating conditions (NMEP=100-750 kPa, φ=0.3-0.8) with a
negligible error.

Low Pass Ringing Intensity (RILP )

This method, known also as the ringing index Eq. (3.5), was derived by Eng [24]
and has been widely accepted as the primary metric for HCCI knock [96], [68], [39],
[20], [40], [21]]. It is an empirical correlation between a low pass filtered (dP/dt)max
and 4Pmax, Eq. (3.3) and uses β as a correlation coefficient. According to Eng, β
is a fixed value determined from engine geometry. A value of β = 0.05 ms has been
commonly used. The main advantage of the low pass ringing intensity equation is
that it can easily be used to quantify knock in HCCI engine simulations, as most
models do not capture high frequency oscillations. There are many ways to calculate
the low-pass ringing intensity from measured pressure traces. For this study, a low-
pass filter with a cutoff frequency of 5 kHz was applied to individual cycles of pressure
data from -20 to 120 CAD aTDC. A numerical derivative method is then applied
to each of the filtered pressure signals to determine the maximum rate of pressure
rise. The time-based rate of pressure rise should be calculated as opposed to the
crank angle based rate in order to eliminate engine speed dependence. The average
crankshaft speed can be used for this conversion, neglecting the crankshaft speed
variation over the cycle. Once the maximum value of the rate of pressure rise is found,
the ringing intensity is calculated using Eq. (3.5). The other terms in this formula
are identical to the terms used in Eq. (3.6). Yun et al. [96] suggest using a simplified
form of this calculation Eq. (3.6), where cyclic variation in cylinder properties and
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peak cylinder temperature can be neglected, as in the case of the simplified version
of the high pass ringing intensity Eq. (3.4).

RILP =
1

2 γ

(
β (dP

dt
)max

)2
Pmax

√
γ RT [Wm−2], (3.5)

RILP = 2.88e− 8

(
(dP
dθ
)max rpm

)2
Pmax

[Wm−2]. (3.6)

The limit value in ringing intensity varies from author to author. Numbers in
the range between 2 up to 6 MWm−2 are usually reported [48] [5] and [20]

Combustion Noise Evaluated from Cylinder Pressure

The combustion noise measurement is a simple filtering technique developed for
the measurement of the noise radiated by engine surfaces in response to combustion
excitation [64]. The arrival of diesel direct injection technology into the passenger
vehicle sector in the 1980’s made the use of this technique necessary in R&D to cope
with the strict vehicle noise limits. A FFT of the pressure signal is taken and filtered
by two filters in series: a “U filter” that emulates the attenuation by the engine mass
and an “A” filter that emulates the noise reception by the human ear. Fig. 3.6 shows
the characteristics of the two filters. The RMS value is calculated and the result is
scaled and reported in dB [8]. The commercially available combustion noise meter
uses analog electronic circuitry with no crank angle position synchronization during
measurement. Not measuring crank speed may lead to problems in distinguishing
between cylinder pressure oscillations and other sources of vibration, such as valve
closing events. In this study combustion noise evaluation was performed digitally
on a cycle-cycle base as an embedded function in the high speed data acquisition
system [68].
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Figure 3.6: “U filter” (left) and “A filter” characteristics (right).

3.5 RESULTS

Operating condition description

Fig. 3.7 describes the operating regimes used in this study. The engine was op-
erated at constant speed of 2000 rpm. The individual data points correspond to the
optimum combustion phasing for each load level. For the HCCI mode the optimum
combustion phasing expressed by parameter CA50 was 3.5◦ aTDC and SACI and
SI points this parameter was 8.5◦ aTDC.

HCCI mode

HCCI combustion phasing was controlled by capturing hot internal residual using
NVO levels up to 187 CAD, as shown in Fig. 3.7a). Neither spark nor external
EGR were implemented as part of the control strategy. Fueling rate varied from 7.5
mg/cycle up to 11.5 mg/cycle, seen in Fig. 3.7b).

A maximum fuel-air equivalence ratio of ∼0.65 was achieved, however due to the
presence of internal EGR, the maximum fuel to charge ratio φ′ ≈ φ(1− EGR) was
≈0.45, as shown in Fig. 3.7c). From Fig. 3.7d), it is clear that the rate of pressure
rise gradually increased as load increased, reaching a maximum value of around 60
bar/ms at 4 bar NMEP.

SACI to SI Transition

Extending the load beyond HCCI and into the SACI regime requires fine con-
trol over spark advance, internal EGR, and external EGR. Throughout the SACI
regime, a combination of internal EGR and external EGR was used to maintain a
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Figure 3.7: a) negative valve overlap, b) fuelling rate, c) fuel to charge equivalence
ratio φ′ and d) peak rate of pressure rise vs. engine load. SI point denoted by single
unconnected filled square.

stoichiometric air-fuel mixture. At low load SACI operation, the valve lifts were set
to achieve symmetrical NVO for trapping the hot residual. As load increased, more
fuel was injected per cycle; at the same time more air was inducted into the cylinder
by decreasing the amount of NVO and increasing the valve lift in small increments
from 4 to 10 mm, as seen in the valve traces of Fig. 3.8(a). The percentage of exter-
nal EGR was increased slightly with load to maintain this stoichiometric mixture,
reaching a maximum value of about 25%. This external EGR was also helpful in
preventing knock at higher load operation.

As load increased and NVO decreased, the proportion of internal EGR to external
EGR was gradually reduced, and flame propagation began to play a larger role in the
overall heat release, seen in Fig. 3.8(b). At the lowest load condition, auto-ignition
was the primary method of heat release, while the highest load condition resembled
SI heat release with a small amount of auto-ignition near the end of the combustion
process. This highest load condition of 7.1 bar NMEP corresponded to a fueling rate
of 24 mg/cycle. At each load condition, combustion phasing was controlled by spark
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Figure 3.8: SACI points a) Measured cylinder pressure traces and measured valve
lift profiles over a crank angle, b) rate of heat release vs. Crank angle.

timing. For all cases in both the HCCI and SACI regions, only one fuel injection
event was utilized with the end of injection occurring 330 CAD before firing TDC.
Completely knock free SI combustion was not achievable in these experiments due
to combustion instability, however the heat release characteristics of the highest
load point resembled normal SI knock. Accordingly in what follows this point is
considered “SI” while the SACI point corresponds to 6.2 bar in Fig. 3.8. The HCCI
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point is taken from pure HCCI data reported in Manofsky et al [52]at 3.7 bar.

Probability Distribution of Knock

The goal of this section is to compare knocking behavior and distribution of
knocking cycles for three different combustion modes: HCCI, SACI, and SI. Fig. 3.9
shows average high pass ringing intensity values and their standard deviations for
HCCI, SACI, and SI operation. High Pass Ringing Intensity increases nonlinearly
with load in HCCI combustion mode. Extending the load into the SACI regime
results in a sharp decrease in ringing intensity, followed by a less steep linear increase
than was seen with HCCI. Extending the load further into SI operation results in
another step decrease in ringing intensity.

Figure 3.9: High pass ringing intensity (left) as a function of engine load for three
combustion modes and standard deviations of ringing intensity (right).

On the right side of Fig. 3.9, the standard deviation of the ringing intensity is
seen to increase proportionally with its average value. With SACI combustion, this
standard deviation rises more steeply than in HCCI. For the same ringing intensity,
the SACI points show more cyclic variation than those associated with HCCI. For
a ringing intensity of ∼2 MW/m2, the SI point shows the highest deviation. The
magnitude of the standard deviation for this SI case is higher than the average value.
The standard deviation of NMEP for this case was 27 kPa, which corresponds to a
COV of NMEP of about 3.8%.

The probability distribution of the ringing intensity was calculated for all three
circled points showed in Fig. 3.9. Ten bins were used covering the range of the ringing
intensity values for each mode for 200 consecutive cycles in the pressure records.
Distribution calculation has been done in logarithmic transformation for both the
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Figure 3.10: Probability distribution of a) high pass ringing intensity, b) low pass
ringing intensity.

ringing intensities so that all three metrics can be compared on the same basis. The
resulting histograms of the two knock measures are plotted for each combustion
mode in Fig. 3.10a) for RIHP, Fig. 3.10b) for RILP.

Knocking HCCI combustion shows a narrow distribution of High Pass Ringing
Intensity Fig. 3.10a). As load increases and combustion mode switches to SACI and
SI, the spread in ringing intensity becomes larger. These modes show a larger cyclic
variability in this ringing intensity. Although most cycles (SACI 81% and SI 86%)
are in the lowest bin, the rest of the cycles show ringing intensity values signifi-
cantly larger than the accepted limit of 5 MW/m2 [52]. Although this knock occurs
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intermittently, it is likely to be more dangerous for the engine structure since the
energy density of the end-gas SI knock is significantly higher than the energy den-
sity of dilute, low temperature HCCI combustion. The Low Pass Ringing Intensity
Fig. 3.10b) resembles “Gaussian” distribution for HCCI mode. As load increases and
combustion mode switches to SACI and SI Fig. 3.10b), this ringing intensity dimin-
ishes suggesting that knock is not significant, in contrast to the high pass ringing
intensity. This is a consequence of the fact that the main contributor to the index
comes from the high frequency part of the pressure trace.

Figure 3.11: Probability distribution of combustion noise for three combustion
modes.

Combustion noise Fig. 3.11 for HCCI case shows small variations. The shape of
the distribution is narrow with the mean value around 90 dB. For SACI mode and SI
mode the noise distribution becomes wider. This is in contrast to the skewed shapes
for both of the ringing intensities. The SACI Fig. 3.11 with the mean combustion
noise value around 80 dB is more quiet combustion than the 90 dB of HCCI. The SI
end gas knock combustion Fig. 3.11 shows more stochastic distribution of combustion
noise over the whole range than the two other combustion modes. The combustion
noise metric shows more differentiation among combustion modes than the other
two metrics.

LP vs. HP Ringing Intensity vs. Combustion Noise

Fig. 3.12 directly compares the average low pass and high pass ringing intensity
values over the engine load range. The colored boxes indicate the points analyzed
in Fig. 3.10 and Fig. 3.11. For HCCI, the Low Pass Ringing Intensity metric shows
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a similar trend to the High Pass Ringing Intensity, with the exception that the
values for the RILP are greater at low load. However, the results from both metrics
converge at the HCCI high load limit.

Figure 3.12: Average Low Pass, High Pass Ringing Intensities and Combustion
Noise vs. load. SI point denoted by single unconnected filled square.

For SACI operation, the High Pass Ringing Intensity rises with a smaller slope
than in HCCI mode. The Low Pass Ringing Intensity is initially flat in the SACI
mode and then decreases as the SI region is approached. Both ringing intensities are
much less in the SI region. Combustion noise follows the trend of the RILP , rising
in the HCCI region and flat then falling in the SACI and SI region.

3.6 DISCUSSION

All measurements showed similar trends in the pure HCCI region. In particu-
lar, the low pass method with proper calibration can be a useful tool in defining
combustion limits for both modelers and experimental investigators. However in the
SACI and SI region, the low pass and combustion noise trends were opposite that
of the high pass method. Furthermore all metrics in SACI and SI mode gave lower
values than in HCCI mode despite the fact that the engine exhibited audible knock,
especially at the highest load point. It is clear that new metrics are required to take
into account the critical features of this advanced combustion mode.
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As demonstrated in the statistical analysis, SACI and SI knock are qualitatively
different from HCCI knock, likely due to the different combustion mechanisms. While
pure HCCI combustion generally features relatively uniform phasing, when a flame
is introduced with spark assist it introduces an independent source of stochastic be-
havior which apparently changes the occurrence of knock. Previous work on SI knock
for the most part concentrates on higher frequency pressure oscillations because of
its connection with pressure wave energy and potential engine damage. Any new
approach should be based on the high pass analysis. While the low pass method
is of some practical use for HCCI, it is also based on the high pass phenomena
through an empirical correlation. Heat transfer is also a critical factor related to the
energy content of the charge as reflected by load. This latter element is not taken
into account by any of the metrics considered here and is a fruitful avenue for future
research.

3.7 SUMMARY AND CONCLUSION

Three knock metrics have been applied to HCCI, SACI and SI combustion in a
FFVA engine and the results compared over a range of loads. The results show:

1. For all metrics, the transition from HCCI to SACI, and from SACI to SI
results in a reduced knock values.

2. Variability as measured by standard deviation and frequency distribution is
increased as the combustion transitions from HCCI through the SACI region to SI,
consistent with the increasing proportion of flame induced heat release.

3. The high pass ringing intensity gives higher values compared to the low pass
method in all three combustion regions.

4. In the HCCI region, all three metrics show the same rising trend depending
the load. In the SACI region, the high pass method shows increasing values while
the low pass and combustion noise measure decrease with increasing load.

5. The combustion noise method shows the most differentiation among combus-
tion modes ranging from a narrow distribution in HCCI mode to a more stochastic
behavior in SI mode.

6. An FFT analysis shows a steady knock pattern with one dominant frequency
of the first circumferential oscillation mode in HCCI combustion. SI knock on the
other hand shows a less uniform distribution in frequencies, a larger difference in
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knock magnitude from the first to the second circumferential modes, and more
cycle-to-cycle behavior with irregularly distributed peaks.

7. In the SACI combustion mode, no general agreement was found among the
metrics. Further all metrics showed a significant decrease as the engine transitioned
between HCCI through SACI to SI despite the presence of significant audible knock
as SI combustion was approached. Future work is needed.
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Chapter 4

Scavenged Pre-chamber on a Gas
Engine for Light Duty Truck

This chapter presents an experimental investigation of advanced combustion of
extremely lean natural gas / air mixture in a gas fueled automotive engine with
a scavenged pre-chamber. The pre-chamber, which was designed and manufactured
in-house, is scavenged with natural gas and is installed into a modified cylinder head
of a gas fueled engine for a light duty truck.

For initial pre-chamber ignition tests and optimizations, the engine is modified
into a single cylinder one. The pre-chamber is equipped with a spark plug, fuel supply
and a miniature pressure transducer. This arrangement allows a simultaneous crank
angle resolved pressure measurement in the pre-chamber and in the main combustion
chamber and provides important validation data for computational fluid dynamics
(CFD) simulations.

The results of the tests and initial optimizations show that the pre-chamber
engine is able to operate within a significantly wider range of mixture composition
than the conventional spark ignition engine.

Full load operation of the pre-chamber engine is feasible with stoichiometric mix-
ture (compatible with a three-way catalyst), without excessive thermal loading of
components. At low load operation, the results show low NOX emissions with a high
potential to fulfill current and future NOX limits without lean NOX exhaust gas
after-treatment. The scavenged pre-chamber helps to increase the combustion rate
mainly in the initial phase of combustion. However, significant unburned hydrocar-
bons emissions due to incomplete combustion need further optimizations. Thermal
efficiency of lean operation of the engine with the pre-chamber compared to the
conventional spark ignition system operated in stoichiometric conditions shows ap-
proximately 13 % improvement.
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4.1 INTRODUCTION

An extremely high air excess ratio (lambda) value near the flammability limit
enables to achieve low content of nitrogen oxides (NOX) in raw exhaust gas in
homogeneous mixture spark ignition combustion. Low NOX emission is achieved
due to low peak cycle temperature. Additional air in the lean mixture increases the
specific heat ratio which leads to an increase in thermal efficiency [84]. This strategy
(called lean burn concept - LB) is frequently used in stationary natural gas fueled
engines within the whole operating range.

On the other hand, an extremely lean mixture leads to lower burning velocity,
high hydrocarbons emission and poor combustion stability. These challenges require
an ignition system with a high energy combustion initiation.

A pre-chamber ignition is a technology frequently used in the field of stationary
large bore gas engines. It allows to burn extremely lean homogenous mixtures with a
high combustion rate. Extremely lean engine operation allows reduction of nitrogen
oxides (NOX) emissions to levels below the legislative limits without the need of
NOX after-treatment system. At the same time, lean mixture combustion reduces
the peak cylinder temperature, hence heat losses are reduced and thermal efficiency
of the engine is increased.

There have been several attempts in the past to develop and investigate this
technology for automotive applications [12], [28] and [80]. The packaging of a scav-
enged pre-chamber into a limited space in the cylinder head of the small engine is a
cumbersome task.

Beaty at al. [12] investigated the application of scavenged pre-chamber in a
Volvo 9.6 liter natural gas bus engine. Various pre-chamber and nozzle geometries
were investigated. They achieved emission levels which complied with, at the time,
valid emission limits with the use of the oxidation catalyst primarily dedicated for
hydrocarbon afterburning. Geiger at al. [28] tested methane scavenged swirl pre-
chamber in a small gasoline engine with a cylinder displacement of 0.5 liter in a
low load operation. They concluded with “excellent lean operation qualities”. They
extended the lean limit to the λ = 1.96. Toulson at al. [80] presented a wide literature
and patents review of pre-chamber ignition systems. It states a Diesel like peak
engine efficiency is achievable with pre-chamber ignition lean engine operation.

In this work the authors developed a scavenged pre-chamber that contains a
well ignitable mixture in time and location of the spark. The basic principle is a
multipoint ignition of the cylinder charge by a several high energy jets leaving the
pre-chamber. A pre-chamber system with a small volume (less than 3% of engine
compression volume) was chosen for the ongoing research project based on a previous
work by the authors on the development of scavenged pre-chamber for a large bore
stationary gas fueled engine [69]. Scaling of this system to the size of a light duty
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truck engine was a challenging task. Based on previous works [88] the design for a
light duty truck engine was modified.

4.2 EXPERIMENTAL SETUP

Testing Engine

The test setup is described in [84] and [86]. Tab. 4.1 shows main engine parame-
ters in its four cylinder turbocharged version before modifications to the pre-chamber
configuration.

The engine is equipped with a central mixer for metering and delivery of gaseous
fuel into the compressor inlet. It is possible to manually control the fuel flow or
to operate with a closed loop lambda control using the conventional oxygen sensor
output signal as feedback. Mixture inflow is controlled by a conventional throttle
valve (THR) located downstream from the intercooler (IC) and actuated by a
stepper motor (see Fig. 4.1).

A capacitive ignition system (UNIMA TC+) enables an independent adjustment
of spark timing and spark energy. All actuators and selected set of sensors are
connected to the engine electronic control unit (ECU) purposely developed in the
author’s department using a Field-Programmable-Gate-Array as a HW platform.
The ECU is fully accessible and allows an open loop control as well.

For the initial stage of experimental research, the testing engine was converted
to a single cylinder one by closing the intake and exhaust, using by plates installed
into the ports of 3 other cylinders as indicated (by red lines) in Fig. 4.1.

Pre-chamber design

The cylinder head of one cylinder was modified and the newly developed scav-
enged pre-chamber was installed into it as shown in Fig. 4.2.

The pre-chamber is filled with additional gaseous fuel through a check valve.
The schematics of the fuel supply line to the pre-chamber are presented in ANNEX
B. The laboratory is equipped with a compressed natural gas (CNG) line with gas
pressure up to 200 bar. The pressure is reduced approximately to 3 bar using a
pressure regulator. Fuel flow is measured and controlled by an OMEGA FMA2610A
mass flow controller. Average volumetric flow rate can also be visually inspected by
a rotameter. Pressure oscillations are damped into a small damping vessel and the
fuel enters the pre-chamber through a drilled passage with diameter of 1.5 mm with
built in miniature check valve (opening gauge pressure ∼20 kPa).

The filling of the pre-chamber with a fresh fuel and scavenging the residual gas
is controlled by a pressure difference between the fuel supply and the pre-chamber
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Basic Engine Geometry

No. of cylinders 4

Bore / Stroke 102 / 120 mm

Displacement 3.92 dm3

Compression ratio 12:1

Valves /cylinder 4

Valve timing (at 0.1 mm clearance)

EVO/EVC 122 / 373 ◦CA after firing TDC

IVO/IVC 342 / 595 ◦CA after firing TDC

Engine Performances

Maximum Speed 2800 rpm

Maximum Torque 600 Nm @ 1500 – 1600 rpm

Maximum Power 125 kW @ 2400 – 2800 rpm

Turbocharger

Make CZ C12

Control Variable Turbine Geometry (VTG)

Intercooler Air-to-Water

Mixture Formation

Arrangement Common (central) mixer

Control units

Electronic control units Manual/closed loop λcontrol (λ ≥ 1)

Ignition Capacitive ignition

Throttle Electronic throttle control

TC control VTG rack control

Table 4.1: Main engine parameters in original SI arrangement.

instantaneous pressure. This arrangement allows that the level of scavenging can be
controlled almost continuously by a mass flow controller. Ideally, the fuel pressure
control should be adjusted to ensure the start of fuel flow at the end of the exhaust
stroke and fuel inflow should last the whole intake stroke to maximize the pre-
chamber scavenging from the residual gas.
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Figure 4.1: Testing engine layout and data acquisition schematic.

The fuel leak to the exhaust manifold should be completely avoided. The com-
bustible mixture in the pre-chamber is formed in the compression stroke in which
the pre-chamber is being filled with the lean mixture from the main combustion
chamber. Ideally, a stoichiometric or moderately rich mixture should be present in
the vicinity of the spark gap at the time of spark discharge.

Besides of the spark plug and fuel supply line, a miniature pressure transducer is
installed in the pre-chamber. The installation of the miniature pressure transducer
allows a crank angle resolved pressure measurement in the pre-chamber simultane-
ously with the pressure measurement in the main combustion chamber. It gives an
important insight into the pre-chamber thermo and fluid dynamics. The measured
pressure data also serves as a validation data for ongoing computational fluid dy-
namic (CFD) study that will help to understand the physics of the pre-chamber
gas exchange. Further steps will include the reaction kinetics and a flame prop-
agation modeling. The goal is to create a theoretic background for future design
optimizations.

The pre-chamber assembly was designed in a modular way and allows modifica-
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Figure 4.2: Cross sectional view of combustion chamber and pre-chamber installed
into a modified cylinder head of the testing engine (left) and the prototype
pre-chamber (right).

tions of size and geometry of the pre-chamber and jet nozzles. The three configura-
tions of jet nozzles that were tested in this study are shown in Tab. 4.2.

Measuring equipment

An AVL GU13Z-24 uncooled miniature cylinder pressure transducer with M5
thread was installed in the cylinder head. Another uncooled AVL GH15D pressure
transducer was installed in the pre-chamber. The pressure signals were amplified us-
ing a two-channel Kistler charge amplifier. High speed data recording was performed
using an in-house developed data acquisition software and an angle calculator sys-
tem compiled in a National Instruments (NI) LabVIEW integrated development
environment and NI hardware. An in-house low speed data acquisition (DAQ) also
compiled in LabVIEW records the signals from the sensors of slowly changing phys-
ical quantities.

The main gaseous emission components have been measured in a raw exhaust
gas sample. The test cell is equipped with an emission bench based on ABB gas
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No. of holes /
hole diameter
[mm]

Geometry of jet nozzles P-C volume
[cm3] / % of
compression
volume

4 / 1 1.33 / 1.66 %

6 / 1.2 1.33 / 1.66 %

12 / 1.2 1.95 / 2.43 %

Table 4.2: Tested variants of the pre-chamber geometry.

analyzers that sampled a raw and dried exhaust gas (NDIR for CO, CO2, CH4 and
NO and PMD for O2).

4.2.1 Experimental procedures and evaluation methods

All engine tests presented in this paper were acquired on engine dynamometer at
steady state and at constant engine speed of 1800 rpm and fully open throttle valve.
VTG rack position was kept constant at maximum stator nozzle area (minimum
boost pressure). No exhaust gas recirculation (EGR) was applied for all measure-
ments in this study.

The engine was fueled with natural gas with 97.1 % of methane. Complete re-
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sults of gas analysis using a gas chromatograph is presented in ANNEX D. Where
not explicitly stated the ignition timing was adjusted to keep combustion phas-
ing of 50 percent mass fraction burned constant (CA50 = 10◦ aTDC). This is an
optimum combustion phasing of this engine with a conventional spark plug. It is
consistent with a long term experience from combustion engine research and devel-
opment (R&D) activities and is generally accepted as a simple guideline for optimal
power and efficiency depending on ignition timing.

To be able to control the combustion phasing during the test an in-house code
for simple thermodynamic (on-line) evaluation of heat release was developed. This
code assumes constant charge properties and does not take into account the heat
loss to the walls. The HR scope is normalized to <0;1> range by dividing by its
maximum.

For a detailed (off-line) analysis of indicator diagram, a single zone heat release
computation code was developed which operates with the temperature dependent
specific heat capacity and variable cylinder charge composition. The code also ac-
counts for the heat losses to the walls using Eichelberg’s heat transfer coefficient
correlation [95].

The evaluation of working cycle thermodynamics was adapted to the possibility
to cope with the extremely high content of unburned fuel in raw exhaust. It would
be useful to mention several specific aspects.

The calculating procedure generates the angle resolved sequence of net heat
release (HR) in Joules. In each calculating step the value is amended by the heat
transfer to the wall and gross heat release is quantified. The value of absolute gross
heat release is normalized by dividing by the absolute total heat delivery per one
working cycle calculated as:

Fuel lower heating value x Fuel mass per cycle x Chemical efficiency

To determine the chemical efficiency the composition of reaction products is
considered to be the composition of equilibrium mixture which contains the
same molar fraction of CO as measured by the exhaust gas analysis and the molar
fraction of H2 originating from the equilibrium calculation. However the equilibrium
calculation gives very low content of CH4 (and any other hydrocarbons if relevant)
in the equilibrium mixture. Therefore, the calculated equilibrium mixture has to
be additionally amended by the correct amount of unburned mixture consisting of
CH4 (determined in exhaust by analysis) and a corresponding amount of the air.
It means that a part of the combustion products is of the same composition as the
fresh mixture. At the end of combustion the content of the reaction products in the
cylinder charge reaches 100% regardless of the quality of the combustion process
itself. In this way the value of normalized HR is directly equal to the burned fuel
fraction and the value is imposed into calculation of the value of gas constant and
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specific heat capacity for subsequent calculation step.
A possible difference between the final value of the normalized heat release and

the expected value of HR = 1 are compensated by a modification of the cylinder
charge mass imposed into the thermodynamic calculations. Finally, the modified
charge mass value is crosschecked with the value calculated from experimentally
determined mass flow of engine working substance. According to the previous ex-
perience with evaluation of the thermodynamics of the engine working cycle in the
author’s laboratory the deviation within the range of ±3% is acceptable. In all cases
presented in the paper, the data passed this crosscheck successfully.

Based on the long term experience with unthrottled engines a typical value of
5% of residual gas content is imposed into all thermodynamic calculations.

For each measured point a pressure record of 80 consecutive cycles with 0.295
crank angle degree resolution (1/10 of flywheel teeth pitch) was acquired. Average
cycle was used for all subsequent evaluations.

4.3 INITIAL TESTS – LIMIT SEARCH

At the beginning of the experimental campaign, the basic set of engine per-
formance parameters has been acquired and evaluated in order to determine the
meaningfulness of the pre-chamber approach and to outline the main challenges.

The results of the initial phase for a 6 hole pre-chamber with ignition timing
adjusted for constant combustion phasing (CA50 = 10◦aTDC) and constant pre-
chamber fueling rate of 5.5 sccm/cycle are summarized in Fig. 4.3.

The engine is able to operate within a wide range of mixture composition with
lambda values far above the lean limit of inflammability (λ= 1.65) as it was deter-
mined on the testing engine in its conventional SI version [86].

At extremely lean operation the content of nitrogen oxides in raw exhaust gas is
very low (see the plots of indicated specific nitrogen oxides – ISNOx), giving good
prospects to comply with demand of contemporary and predicted emission legislative
for road vehicles without exhaust gas NOX aftertreatment. On the other hand the
testing engine demonstrated ability to operate with the mixture composition close to
the stoichiometric one (λ = 1), creating good condition to use a Three Way Catalyst
(TWC) configuration.

The test results in Fig. 4.3 demonstrate possibility to achieve excellent envi-
ronmental performances regarding NOX emission in the whole operational range
maintaining the demands for a size, complexity and cost of additional exhaust gas
aftertreatment within a reasonable range.

Peak in-cylinder temperature (TMAX) at the engine operating with the lean
mixture shows the typical values for so-called low temperature combustion allowing
to benefit from main advantages (i.e. low NOX emission), low thermal losses and
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favorable ratio of specific heats for a high thermal efficiency.
During the initial phase of the experimental activity the engine showed a good

reproducibility and repeatability of its performance and viability of the design of
particular details as well as design approach as a whole.

However, several challenges have been revealed. At the right end of the graphs
the engine indicated efficiency (ηi) is low, the cycle-to cycle variability (coefficient
of variability - cov of IMEP and standard deviation - std of IMEP) is high and
considerable amount of delivered fuel does not burn at all. Amount of unburned fuel
is expressed in terms of methane emission index (EICH4 = mass flow of CH4 in
exhaust / total fuel consumption in kg/hour).

Figure 4.3: Basic performance of pre-chamber engine, pre-chamber fuel rate 5.5
sccm/cycle, 6 holes, ignition timing for CA50 = 10◦ aTDC.

4.4 PRE-CHAMBER GEOMETRY VARIANTS

After initial experiments with the 6 holes pre-chamber (6 x 1.2 mm diameter
holes, 60◦ drill angle) the sensitivity study on pre-chamber geometry was performed.
Taking into account the complexity of part manufacturing and pre-chamber instal-
lation, only limited amount of variants were investigated.
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For the first modification (4 x 1 mm diameter holes, 120◦ drill angle) the chamber
volume was kept constant. This variant showed deterioration of engine performance
at extremely lean (low NOX) operation.

Based on these results and former experience [69] final version was designed
with efforts for maximizing the pre-chamber volume for increasing ignition energy
respecting the available space in the cylinder head. At the same time number of
nozzles was increased to support the flame penetration of the main combustion
chamber.

Figure 4.4: Performance of engine with various pre-chamber alternatives with 4, 6
and 12 holes, pre-chamber fueling rates: 4 holes = 0.9 sccm/cycle, 6 holes = 3.7
sccm/cycle and 12 holes = 1.85 sccm/cycle.

The description of the variants of the pre-chamber geometry is introduced in
Tab. 4.1. The main results of the engine experiments with various pre-chamber ar-
rangements are summarized in Fig. 4.4. In this figure the values are presented (from
top to bottom): Indicated mean effective pressure (IMEP ), Indicated specific NOX

emission (ISNOx), relative amount of unburned fuel in exhaust (methane emission
index EICH4), relative pre-chamber fueling rate to total fuel delivery (P-C fuel
fraction).

Measurement of each curve was performed with stepwise increase of Lambda
value till the significant deterioration of engine performance was observed. For each
pre-chamber alternative the best efficiency fueling rate to pre-chamber was adjusted.
The ignition timing was adjusted to maintain CA50 at 10◦ aTDC for all cases.

The pre-chamber with 12 holes features the greatest volume and the greatest
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cross section area of the nozzles. With this alternative the best engine performance
was achieved. At extremely lean operation it shows the best efficiency and the lowest
emissions of hydrocarbons still maintaining favorable NOX emission.

The main challenges mentioned at the end of the previous section (mainly the
excessive unburned hydrocarbon emissions) unfortunately still remain and further
improvements should be pursued.

4.5 HEAT RELEASE ANALYSIS RESULTS

A high speed pressure indication was engaged as a tool that offers an insight into
the behavior of the engine working substance.

Angle indexed scopes of relevant physical quantities in Fig. 4.5 describe the ther-
modynamic behavior of the working substance during engine operation with the
mixture composition well beyond the lean limit of flammability as it was repeatedly
observed at conventional SI operation (λ > 1.9). Spark discharge timing can be
easily identified as the position of steeply descending slope of the voltage (IgnV olt)
sensed at the high voltage cable close to the spark plug terminal. The local peak
on a pre-chamber pressure trace (pChamb) describes combustion of enriched mix-
ture inside the pre-chamber. Ignition delay in the pre-chamber can be assessed from
these two signals. The plot of the pressure sensed in cylinder (pCyl) almost does
not reflect the combustion in the pre-chamber.

The plot of angle dependent scope of locally averaged temperature (single zone
evaluation) of the cylinder charge well illustrates the favorable condition for a low
reaction rate of formation of NOX . Normalized heat release (NHR) and its derivative
(NRoHR) indicate burning rate as usually observed at conventional SI engine oper-
ation with significantly richer mixture strength. The extremely steep rising edge of
the rate of heat release curve immediately after the combustion start is a typical
feature of the pre-chamber ignition.

The results of evaluation of the high speed data acquisition record acquired at
various operational regimes are introduced in ANNEX C.

The scopes of heat release and its derivative confirm the ability of pre-chamber
ignition to initiate the combustion process in the main combustion chamber and to
accelerate the starting phase of the combustion process. Even at the leanest inves-
tigated condition the extremely slow final phase of combustion was not observed.

4.5.1 IMPACT OF PRE-CHAMBER FUEL RATE

Fig. 4.6 introduces the main relevant aspects of engine performances for various
amount of the fuel delivered into the pre-chamber (QfPC = 1.8, 3 and 4 standard
cm3 per cycle). The dependence on the air-excess ratio is plotted in this figure.
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Figure 4.5: Results of high speed data acquisition and heat release analysis,
pre-chamber with 6 holes, Lambda = 1.91, pre-chamber fueling rate = 2.8
sccm/cycle = 7.7% of total fuel delivery.

Little or none impact of the pre-chamber fuel delivery on mean indicated pressure
(IMEP ) and indicated efficiency (etai) can be derived from this figure. A negative
consequence of this statement is that the pre-chamber fueling rate does not intro-
duce a tool to improve engine performance. On the other hand the insensitivity to
pre-chamber fueling rate minimizes the demand for a complex injection rate con-
trol. No stressing demand for minimizing the cylinder-to-cylinder variability of fuel
distribution to pre-chamber is the encouraging expectation for a future implementa-
tion of the pre-chamber ignition on a multi cylinder engine. Under the steady state
conditions this finding is in the contrary to the findings of Beaty at al. [12] who
stressed the need for the accurate control of extremely small gas flow rates to the
pre-chamber and the need for a complex control system for achievement of extremely
low NOX emissions.

Only remarkable influence of the pre-chamber fuel delivery can be seen from a
demand for advanced spark timing (bottom graph in Fig. 4.6) to maintain the crank
angle position at which 50% of cylinder charge has been burnt (CA50 in Fig. 4.6) at
10◦ CA after TDC. The difference in ignition timing for various pre-chamber fueling
rates is caused by variable composition (and possible charge stratification) in the
pre-chamber when the spark discharge takes place.
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Figure 4.6: Performance (IMEP) and indicated efficiency (etai) of the pre-chamber
engine – pre-chamber fueling rate study, 6 holes pre-chamber, pre-chamber fueling
rate 1.8 – 4 sccm/cycle as a function of the air excess ratio (Lambda).

4.5.2 IMPACT OF IGNITION TIMING

Adjustment of ignition timing is an important control measure which has decisive
influence on the combustion phasing. The combustion phasing influences the angle-
depending in-cylinder pressure course and effective work of engine working cycle.

As already mentioned in the previous paragraph the adjustment of ignition tim-
ing to maintain condition CA50 = 10◦CA ATDC was considered to be a good prac-
tice at least as a first approach.

During the compression stroke the pre-chamber volume is continuously pressur-
ized by delivery of leaner mixture from the cylinder and therefore the pre-chamber
charge becomes leaner as the piston approaches the top dead center (TDC). The
spark timing has to be adapted correspondingly, even if combustion phasing might
differ from the apparent optimum value.

The influence of ignition timing on engine behavior is described in Figure 7 for
4 various adjustments of total mixture composition, covering the whole acceptable
operation range (1 < λ < 2). The pre-chamber fueling rate was kept constant at 1.8
sccm/cycle for this study. It is obvious that leaner mixture calls for more advanced
ignition timing as long as engine power and efficiency are subject of optimization
(see upper part of Fig. 4.7). Only the curves valid for the high Lambda values are rel-
evant for future practical implementation because at lower excess air values (but still
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Figure 4.7: Performance of pre-chamber engine – spark timing study, 12 holes
pre-chamber, pre-chamber fueling rate 1.8 sccm/cycle.

higher than λ = 1) neither achieving of acceptableNOX level without aftertreatment
(bottom graph in Fig. 4.7) nor implementation of the TWC are possible. Optimum
spark advance for λ ≈ 1.95 accounts approx. 22◦ BTDC leading to CA50 ≈ 6◦
ATDC. The curves of ISNOx show descending tendency with retarding ignition for
lower excess air values. During the operation with λ above 1.9 the slope of ISNOx
curve is almost invisible and values of specific NOX formation remain below the
threshold of 0.5 g/kWh which is considered to be decisive for assessment of accept-
ability of NOX emission from the point of view of contemporary and future emission
legislature.

4.6 COMPARISON WITH SI ENGINE

Fig. 4.8 shows comparison of SI and pre-chamber ignition engine in a low load
conditions. The red curves show a performance of the conventional SI engine throt-
tled at 4 bar IMEP with the optimal combustion phasing. Green curves show the
results of the unthrottled engine with a pre-chamber with 12 holes nozzle variant.
Indicated efficiency of lean operation at λ ∼1.9 of the engine with the scavenged pre-
chamber shows approximately 13% relative improvement compared to the efficiency
of the conventional SI engine operated in stoichiometric conditions. NOX emissions
of lean burn pre-chamber engine show a good prospect to fulfill the current and
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future legislative demands without the NOX reducing aftertreatment.

Figure 4.8: Performance of pre-chamber engine – comparison with SI engine.

4.7 CONCLUSIONS

Three geometries of scavenged pre-chamber equipped with a miniature pressure
sensor were designed and tested on a natural gas light duty truck engine in a fixed
engine speed under the steady state operation.

The best engine performance was achieved with the pre-chamber with the largest
volume and the greatest cross section area of the nozzles. At extremely lean operation
it shows the best efficiency and the lowest emissions of hydrocarbons with favorable
NOX emissions.

Despite high amount of unburned hydrocarbons in exhaust, the tested engine
equipped with the scavenged pre-chamber showed significant improvements com-
pared to the engine with a conventional spark plug.

The pre-chamber engine was able to operate at high load with a stoichiometric
mixture strategy that is compatible with a three way catalyst.

At low loads the scavenged pre-chamber allows to ignite extremely lean fuel air
mixtures with high combustion rate. Lean operation potentially allows reduction of
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nitrogen oxides (NOX) emissions to levels below the legislative limits without the
need of using a NOX after-treatment system. At the same time, lean mixture reduces
the combustion temperature, hence heat losses are reduced and thermal efficiency
of the engine is increased.

Appropriately designed catalytic exhaust gas aftertreatment will probably be
able to mitigate unburned hydrocarbons in all operational regimes.

NEXT STEPS

During experimental investigation described in this paper a large database of
experimental data was acquired. Next chapters will present CFD simulations, ex-
ploiting experimental data for calibration and verification. Deeper insight into the
phenomena will be subsequently exploited for design modification towards improved
system performance.
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Chapter 5

Analysis of Scavenged Pre-Chamber
for Light Duty Truck Gas Engine

An ongoing research and development activities on the scavenged pre-chamber
ignition system for an automotive natural gas fueled engine is presented in this chap-
ter. The experimental works have been performed in engine laboratory at steady
state conditions on a gas engine with 102 mm bore and 120 mm stroke, converted
to a single cylinder engine as was explained in chapter 4. The in-house designed
scavenged pre-chamber is equipped with a spark plug, fuel supply and a miniature
pressure sensor for detailed combustion diagnostics. The engine was operated at
constant speed, fully open throttle valve and four different fueling modes with or
without spark discharge. A partly motored mode allowed direct evaluation of the
pre-chamber heat release. The experimental data acquired in this research served as
a validation data for the numerical simulations. The performed tests of prototypes
and calculations have recently been expanded to include 3-D flow calculations in
the Ansys Fluent software. The work presents results from the coupled 1-D and 3-D
numerical simulation of the flow in the pre-chamber. The main goal of the compu-
tational fluid dynamic (CFD) simulation was to describe the fluid dynamics inside
the pre-chamber (without combustion), mixture distribution and assessment of the
scavenging quality. The pre-chamber interior volume is analyzed in detail for the op-
erating condition. The outputs of the simulation serve as a base for optimization of
the pre-chamber design. It is also a valuable input for the optimal control setting to
improve overall functionality of the scavenged pre-chamber. The simulation results
were compared with the experiments.
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5.1 Introduction

An extremely lean homogeneous mixture of the natural gas in a spark ignition
engine leads to a low temperature combustion, which results in a low level of NOX

emissions. Additional air in the lean mixture increases the specific heat ratio which
leads to an increase in thermal efficiency [33]. This strategy (called lean burn con-
cept) is frequently used in stationary natural-gas fueled engines within the whole
operating range. The pre-chamber ignition system allows considerable extension of
the lean flammability limit of the mixture. This is enabled by the enhanced ignition
energy which results from multipoint ignition of the mixture via burning jets that
are leaving the pre-chamber through the orifices [7]. The interior of the pre-chamber
is partly separated from the main combustion chamber and thus is protected from
the intensive in-cylinder mixture motion. That is important for maintaining high
ignition stability [33]. The in-house designed scavenged pre-chamber is equipped
with a stand-alone gas supply as can be seen in Fig. 5.1. Additional gas leads in
local enrichment of the pre-chamber charge. All these mechanisms provide better
conditions for combustion initiation and flame propagation.

The pressure difference between the pre-chamber and engine cylinder is con-
tinuously balanced through the interconnecting channels. The overall mass of the
mixture in the pre-chamber depends on its volume and thermodynamic state. The
composition of the mixture and its stratification in the pre-chamber is a complex
phenomenon. This phenomenon is determined by the gaseous fuel inflow through the
check valve, outflow of fuel due to the short circuit scavenging, amount of residual
gases from the previous cycle, by the charge concentration entering the pre-chamber
from the cylinder and mixing of all components. The evaluation of the mixture dis-
tribution is one of the main interests of this research and it depends on the nature
of the flow and its motion intensity inside the pre-chamber.

The advantages of the pre-chamber ignition system were confirmed at low load
by the experimental results described in chapter 4. The results of experiments have
shown that the scavenged pre-chamber significantly expands the flammability limit
compared to the conventional SI engine. Extremely low NOX emissions in a low
load eliminate the necessity of using a special NOX after-treatment to comply with
the current and future NOX emission limits. At full load operation, the pre-chamber
engine is able to operate with the stoichiometric mixture, compatible with a three-
way catalyst (TWC).

On the other hand, the extremely lean mixture (far beyond the ignitibility limit
of a conventional spark ignition engine) leads to a low burning velocity, poor com-
bustion stability, which results in high unburned hydrocarbons emissions. Therefore,
the next step was focused on the pre-chamber development supported by the CFD
simulation approach to globally optimize the functionality of the ignition system.
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Simulation of the charge motion in the combustion engine with the torch ignition
system during the intake and compression stroke is described in [14]. The calculation
model contains the engine geometry, including the moving mesh, taking into account
the movement of the piston and the valves. The work presents motored operation
only.

The flow and the mixture formation within the pre-chamber as well as the tur-
bulent kinetic energy was investigated and presented in [11]. The orifice diameter
has an important influence on the flow within the pre-chamber and between the
spark plug electrodes and therefore the ignition and first flame propagation. Small
diameters below 0.9 mm seem to intensify the velocity field, deteriorating and very
likely to extinguish the combustion in the pre-chamber. Shah et al. [66] evaluated
the interaction of the pre-chamber jets and the main chamber charge. The rate and
the depth of the penetration of pre-chamber jets are mainly governed by the jet mo-
mentum and hence increase with the volume of pre-chamber and decrease with the
nozzle diameter. Increasing the pre-chamber volume increases the absolute mass flow
rate from the pre-chamber and reducing the nozzle diameter increases jet velocity,
both increasing the jet momentum.

The structure and behavior of the flame jet from the pre-chamber and the flame
propagation of lean mixture in the main chamber were investigated by Kawabata et
al. is described in [43]. The flame jet is ejected toward the outer radius of the main
chamber with high speed and strong penetration. It spreads over the main chamber
by impinging on the main chamber cavity wall and undergoing radial bend subjected
to the influence of the swirl. To achieve optimized pre-chamber combustion, the
optimization of both chambers (pre- and main) has to be done simultaneously.

A computational study of the effects of the spark location on the performance of
a turbulent jet ignition system is solved in [78]. The simulations show, that locating
the spark further from the connecting orifices in the pre-chamber produces a jet
that is more effective and results in a faster ignition in the main chamber. Since
the pre-chamber flames must propagate a greater distance through the chamber to
reach the orifice, more pre-chamber gas is burned in the process generating a higher
pressure difference between the two chambers. Combustion visualization in a rapid
compression machine and study of the early flame development on the large bore
optical engine Wärtsilä 34SG can be found in [78] and [94].

Investigation of the pre-chamber interior behavior only has been described in
this chapter. Simplified model (without moving walls) is used for faster evaluation
of different variants with lower computational requirements.
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5.2 Experimental Setup

Test Engine

Experiments were performed on a 4-cylinder 4-stroke natural gas engine which
was converted to a single cylinder one by closing the intake and exhaust runners.
Fig. 4.1 shows the plates installed between the intake and the exhaust flange and
the cylinder head as indicated by the red lines. Otherwise the engine configuration
remains unchanged from the original four-cylinder including the turbocharger with
variable turbine geometry (VTG) and intercooler (IC). The main engine parameters
can be found in Tab. 4.1.

A central mixer for metering and delivery of gaseous fuel is located upstream of
the compressor. It is possible to manually control the fuel flow or to operate with
a closed loop lambda control using the conventional oxygen sensor output signal as
a feedback. The engine was fueled with natural gas with the content of 98.4% (by
volume) of methane. Mixture inflow is controlled by a conventional throttle valve
located downstream from the intercooler and actuated by a stepper motor.

A capacitive ignition system (UNIMA TC+) enables independent adjustment
of the spark timing. All actuators and selected set of sensors are connected to the
engine electronic control unit (ECU) developed in the authors’ department using
Field-Programmable-Gate-Array as a HW platform. The ECU is fully accessible
and allows an open loop control as well. The detailed test setup description can be
found in [84].

5.3 Pre-Chamber Design

The cylinder head of one cylinder was modified, and the newly developed scav-
enged pre-chamber was installed into it. The pre-chamber assembly was designed in
a modular way and allows modifications of its size, geometry and its orifices. The
pre-chamber shape is cylindrical (Fig. 5.1) and the specifications of its geometry are
shown in bottom row in Tab. 4.2. The orientation of the orifices was designed with
regard to the shape of the main combustion chamber and the uniform distribution of
jets leaving the chamber. The pre-chamber with twelve orifices were selected as the
best of the tested variants. The experimental sensitive study of three variants with
different numbers of orifices (4, 6, 12) was performed and can be found in Chapter
4.

The pre-chamber is filled with additional gaseous fuel through a check valve.
The schematics of the fuel supply line to the pre-chamber are presented in the
Annex A. Fuel flow is measured and controlled by an OMEGA FMA2610A mass
flow controller. The combustible mixture in the pre-chamber is formed during the
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compression stroke in which the pre-chamber is being filled with the lean mixture
from the main combustion chamber. Ideally, a stoichiometric or moderately rich
mixture should be present in the vicinity of the spark plug gap at the time of
spark discharge. Standard spark plug (Brisk CR10YS) with 0.5 mm spark gap was
used. Besides the spark plug and fuel supply line, a miniature pressure transducer
is installed in the pre-chamber.

5.4 Experimental Procedures

All engine test results presented in this paper were acquired on an engine dy-
namometer at constant engine speed of 1800 rpm and fully open throttle valve. The
experimental arrangement allows measurement of the combustion pressure in the
pre-chamber and in the cylinder simultaneously. Detailed heat release analysis was
performed using the cylinder pressure trace only, including the volumes of both the
main combustion chamber and the pre-chamber. The separate heat release analysis
for pre-chamber and main chamber was impossible, because the instantaneous mass
of the pre-chamber charge is unknown. However, the pressure difference between
both mentioned volumes is an important calibration parameter for both the 3-D
CFD and 1-D modelling.

Spark voltage and current at the secondary circuit of the ignition coil were mea-
sured directly. The spark energy was evaluated as an integral value of spark electric
power. Annex C shows the traces of spark energy for various charge compositions.
In most cases the spark energy value reaches 30 mJ. Operational modes used during
the experiments were as follows:

• Mode A: Motored mode - no fuel was delivered, no spark was actuated. Sim-
plified conditions were used for an initial calibration of the models.

• Mode B: Special motored mode - fuel was delivered only into the pre-chamber,
no spark was actuated, no combustion occurred. A fuel quantity necessary for
the scavenging of the pre-chamber was investigated in this mode.

• Mode C: Partly motored mode - fuel was delivered only into the pre-chamber,
spark was on. This mode was investigated experimentally to evaluate the com-
bustion efficiency of the combustion in the pre-chamber only, to quantify igni-
tion energy from the pre-chamber combustion.

• Mode D: Full combustion mode - fuel was delivered into the pre-chamber
and into the inlet manifold, spark was on. This mode represents the typical
operation of the engine with the pre-chamber.
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5.5 A GT-Power Model

GT-Power model of the investigated system was built and used for obtaining
knowledge of physical quantities which are not available from direct measurement
(e.g., instantaneous mass flow rate of gas through the check valve which was used
as a boundary condition in CFD simulation) and for computational validation. The
simulation of the “pre-chamber engine” requires modeling of two divided combustion
chambers (one for the cylinder and second for the pre-chamber). For both volumes,
the modeling of combustion, heat transfer and emission formation is needed and
therefore the cylinder objects were used. At the first stage, a scavenging reference
object was not used, i.e., the gases in the investigated volume are assumed to be
ideally homogeneously mixed (0-D approach).

The influence of throttling in communication ports (orifices) is respected by
several pipes with appropriate dimensions (1-D approach). The pressure losses are
represented by flow coefficients calibrated by data of pressure traces that are di-
rectly measured in the cylinder and pre-chamber from motored engine (Mode A).
The amount of additional gas flowing into the pre-chamber is controlled by the
pressure upstream of the check valve. The mechanical check valve prevents backflow
from the pre-chamber into the fuel system. This part was modeled by the valve
object (connection) with two dimensional array of pressure difference and discharge
coefficients (determined experimentally). The rest of the model is a standard three
pressure analysis (TPA) procedure [15]. The Fig. IV in ANNEX E shows the scheme
of the model.

5.6 A CFD Model

The complexity and computational demands of the simulations of all of the
physical processes inside the pre-chamber would be too large, therefore the CFD
simulations were limited to the scavenging without combustion in the initial phase.
Calculations are focused on the pre-chamber interior only at motored engine opera-
tion. The internal volume of the pre-chamber was modelled in detail. Small external
volume (hemispheres) at the outlets of the connection orifices serve to respect pres-
sure losses associated with the flow from the main chamber to the pre-chamber. The
external volume was chosen as small as possible to prevent accumulation of gas due
to missing swirl of the cylinder charge. The whole geometry was meshed using the
Ansys Meshing software, including the boundary layer (inflation) along the walls,
using “tetra” elements. Subsequent conversion of the generated mesh by using “poly-
hedral” elements, which effectively fill the volume, resulted in a significant reduction
of total number of cells (i.e. from 633.000 to 252.000).

The engine is usually operated with the two independent gaseous fuel inlets
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Figure 5.1: Cross-section of the pre-chamber with the highlighted boundary
conditions (left), 3D geometry of the internal volume (middle), cross-section of the
installation assembly (right).

(Mode D). The main part of fuel is delivered into the common mixer upstream
of the compressor and the second part (much less) into the pre-chamber. For the
description of the events inside the pre-chamber, the special motored engine mode
(Mode B) was assumed, and gas was delivered only into the pre-chamber. In this
case, the pre-chamber charge is diluted by the pure air from the cylinder during the
compression stroke.

The boundary conditions of this task were specified by the crank angle indexed
profiles of pressure, temperature and mass flow. The cylinder interface was defined
by the “Pressure outlet” boundary Fig. 5.1 with variable values of pressure and tem-
perature. The record of in-cylinder pressure trace was taken from the real engine
experiment at 1800 rpm at special motored mode (Mode B) with fully open throttle
valve. In the laboratory, the fuel delivery into the pre-chamber was controlled by the
gas pressure in the gas rail. This pressure was controlled by the mass flow meter.
A backflow from the pre-chamber is prevented by the installation of the miniature
check valve. During the experiment the average mass flow rate was measured at
steady operation. For the simplification of the CFD evaluation the check valve was
simulated by a boundary condition "Mass-flow inlet." The required instantaneous
profile of the mass flow rate of fuel was obtained from the numerical simulation
of the pre-chamber with check valve on the tested engine in GT-Power software.
According to the experiments, natural gas average flow rate was set to 0.2 Nm3/h.
A similar analysis of pre-chamber engine using 1-D/0-D approach can be found in
[88]. The transient calculation is solved with the following assumptions and simpli-
fications: Mixture of methane and air is considered as an ideal compressible gas.
The heat transfer between the charge and the pre-chamber walls was neglected. A
k−ε turbulence model and a “SIMPLE” algorithm for the pressure-velocity coupling
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were used. Time step of the calculation was chosen to the value that corresponds
to 0.5 degrees of the crankshaft rotation (i.e. 46 µs at 1800 rpm). Longer time step
frequently causes a divergence of the calculation due to steep changes in the values
of boundary conditions. Each simulation was performed for at least two consecutive
engine cycles, in order to be able to monitor the convergence and the progress of
the individual parameters.

5.7 Simulation Results

Special Motored Mode

The special motored mode (Mode B) without combustion was chosen for the
investigation of the mixture formation in the pre-chamber. Natural gas was delivered
only into the pre-chamber, and the cylinder contained only fresh air. This simulation
represents the situation before combustion occurs (up to the ignition). Since the CFD
simulation does not solve chemical reactions (burning) in this work, the scavenging
of the pre-chamber was simulated by substituting the mixture charge in the pre-
chamber by carbon dioxide (as a combustion product) at the top dead center (TDC),
and the simulation continued under prescribes conditions, defined by mode B. Thus,
the scavenging quality of the pre-chamber was assessed.

Fuel Supply/Leakage Assessment

Fuel flow into the pre-chamber is given by pressure difference in the gas line
(fuel pressure) upstream of the check valve and the pre-chamber pressure. When the
pressure in the pre-chamber (pcham) falls below the value of the pressure loss at the
check valve (4p = 20kPa) the fuel starts flowing into the pre-chamber. The Fig. 5.2
shows the instantaneous fuel mass flow rate profile (fuel) predicted by the GT-
Power simulation with the average flow value of 0.2 Nm3/h. The experimental setup
only enables measurement of average mass flow of fuel into the pre-chamber. GT-
power model of fuel line including the check-valve allowed the authors to evaluate
the instantaneous mass flow profile. This model was calibrated by experimental
data according to average fuel flow. Resulting mass-flow profiles were imposed as a
boundary condition into the Fluent CFD simulation.

The middle plot in Fig. 5.2 shows the integral fuel mass inflow (integral) and
outflow that corresponds to the fuel mass that dissipates due to the short circuit
scavenging into the cylinder (Fuel leakage). In this particular case, this loss accounts
for 37% of supplied fuel in the pre-chamber. From the curve of fuel leakage, it can be
observed that massive outflow of the fuel from pre-chamber (to the cylinder) starts
to take place within the intake stroke after the exhaust valve has been already closed.
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The loss of fuel, by its direct leak during the exhaust event from pre-chamber to
the main combustion chamber, is about 6%. It is a question whether this amount
of fuel will be lost in the exhaust port and affect the unburned hydrocarbons. CFD
simulations including the complete engine geometry, which is currently in progress,
will help to find the answer for this question.

Figure 5.2: Fuel delivery, Simulation of special motored mode - 3rd cycle.

The charge inside the pre-chamber (ideally pure fuel) is diluted by the air (or
by the mixture, if it is the case) coming from the cylinder during a compression
stroke. Mixture formation in the pre-chamber terminates as a result of the pressure
rise in the pre-chamber above the main combustion chamber as soon as the com-
bustion starts. Instantaneous value of the total mass of the pre-chamber charge is
determined by the course of the compression pressure and temperature. Air excess
ratio (Lambda) was evaluated from the average mass concentration of fuel and oxy-
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gen inside the pre-chamber. A bottom plot in Fig. 5.2 shows that lambda reaches
the stoichiometric value at the TDC. It seems that the conditions for combustion
initiation are optimal, however, a look at the spatial distribution of the charge in
the pre-chamber will show a more complex picture.

Mixture Spatial Distribution

For a conventional spark ignition (SI) engine, according to [50], the optimum
ignition timing corresponds to combustion phasing of 50% of normalized heat re-
lease value at 10 crank angle degrees after the compression top dead center. For the
pre-chamber ignition system more factors must be taken into account. One of them
is mixture composition in the vicinity of the gap between the electrodes of the spark
plug. Mixing depends on the character of the flow and the intensity of turbulence
which is primarily determined by the geometry of inlet channels (orifices). Investi-
gated pre-chamber was designed with regard to the shape of the main combustion
chamber and the uniform distribution of jets leaving the chamber. Fig. 5.3 shows the
mass concentration of methane in the pre-chamber cross-section for the three crank
angle positions near the top dead center which is the typical range of spark event.
Red color marks the region of rich mixture (λ ≤ 0.5) whereas the region with lean
mixture (λ ≥ 2) is colored in blue. Stoichiometric mixture corresponds to 5.5 % of
mass fraction of methane.

Legend 30◦bTDC 15◦bTDC 0◦bTDC

Figure 5.3: Methane mass fraction. Simulation of special motored mode – 3rd cycle.

Simulation results show significantly stratified mixture along the axis of the pre-
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chamber. This is caused by concentric arrangement of the orifices, relatively long
and small inner diameter of the pre-chamber. Due to this fact the ignition timing
could be more sensitive to the determination of its optimal value compared to the
case of ideal mixing described only by trend of lambda presented in Fig. 5.2. Dashed-
line marks the region with a good ignitability of the mixture. This area is relatively
small and can be assumed that only this portion will burn optimally. It divides
the volume into the rich mixture in the upper part of the pre-chamber and lean
mixture in the bottom. It can be found in [10] that the minimum ignition energy
increases with increasing velocity of flow and changes rapidly with increasing fuel/air
ratio and turbulence intensity. The velocity of the flow (about 5 m/s at 15◦ bTDC
by CFD results) and rich mixture (λ ≥ 0.5) in the vicinity of the spark plug gap
several times increased the required minimal ignition energy (according to Figure
9-45 presented in [33]). For this reason, the amount of additional gas must be limited
to avoid occurrence of these adverse conditions. Another important aspect of this
arrangement, which is currently being investigated, but will not be mentioned in
this study, is the position of the spark plug and the protrusion of the spark plug
electrodes into the pre-chamber.

5.7.1 Pre-Chamber Scavenging

The scavenging quality is influenced by the pre-chamber geometry, pressure loss
at the orifices (discharge coefficients), location and amount of gas supply. The curves
in the graph in Fig. 5.4 illustrate the locally average composition of the pre-chamber
charge. In this way, the effectiveness of exploitation of incoming fuel to remove
the products of the former combustion process is emulated. For simplicity, the ap-
pearance of combustion products was emulated by imposing of 100% of CO2 in
compression TDC. The massive scavenging starts after the check valve opens be-
fore expansion bottom dead center and stops at the beginning of the compression
stroke. Pressure increase in the cylinder during the exhaust stroke is caused by the
pressure pulsations in the exhaust port (visible on the pre-chamber pressure trace in
upper part of the Fig. 5.2). Due to this fact, the additional gas flow stops and fresh
air start flowing into the pre-chamber for certain time period of exhaust stroke. At
the gas exchange TDC there is a visible sharp drop in air mass fraction inside the
pre-chamber. It can also be explained by the pressure trace plotted in Fig. 5.2. A
sharp pressure drop evacuates more air than CO2 from the pre-chamber volume.
Therefore, air mass fraction sharply drops and CO2 fraction temporarily rises. Dur-
ing the compression stroke the air coming from the cylinder dilutes the mixture in
the pre-chamber.

The residual amount of CO2 in the pre-chamber is 0.84 mg that corresponds to
3.3% of the total mass fraction at the end of the compression cycle. Gaseous fuel
supply is essential for the pre-chamber scavenging. Exhaust gas residuals remain
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Figure 5.4: Pre-chamber scavenging simulation - 1st cycle.

near the electrodes due to the direction of gas inlet and the spark plug eccentricity.
Fig. 5.5 shows the concentration of CO2 together with streamlines to visualize the
flow profile during the exhaust stroke (at CA = 270◦).

Computational Validation

Selected parameters were validated by means of the 1-D numerical simulation
results. Good correlation between the Fluent and GT-Power was achieved, regard-
ing the values of flow velocities and flow rates. Fig. 5.6 presents the comparison of
volumetric flow rate through the orifices. The GT-Power simulation uses the 1-D dis-
cretization for pipes and 0-D for the cylinder and pre-chamber. The 0-D approach
assumes the ideal mixing of all components in the evaluated volume. Due to this
fact, the resulting values can be different from the full 3-D flow model. Especially
the composition of charge in the pre-chamber and the gas leakage assessment might
give different results.

Some improvement of 0/1-D plausibility can be achieved by the use of a scav-
enging object for the pre-chamber in the GT-Power simulation. It describes the re-
lationship between the cylinder residual ratio and the exhaust residual ratio which
defines scavenging function. This object must be used in two-stroke engines and
must be calibrated from experiments or CFD simulations. The example of the sim-
ulation model of two-stroke diesel engine and its calibration is described in [61].
The scavenging function can improve the information about exhaust gas residual
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Figure 5.5: CO2 mass fraction and streamlines, Scavenging simulation - 1st cycle,
crank angle 2700, perpendicular sections (A-A, B-B).

and average composition in the pre-chamber. Authors are currently working on the
calibration of scavenging function by means of the CFD.

Experiments

The data from experiments of the motored (Mode A) and special motored en-
gine mode (Mode B) was used as an input for numerical calculations. Additional
experiments with combustion, described below, were carried out in order to con-
firm the CFD simulation results and demonstrate the functionality of the designed
pre-chamber ignition system.

Combustion only in the Pre-Chamber

Sensitivity analysis of ignition timing and fuel quantity study at partly motored
mode (Mode C) was carried out with the combustion and the results are shown in
Fig. 5.7. Optimal value of ignition advance timing (before TDC) decreases as the
fuel quantity rises. This is caused by the time needed for the sufficient dilution of
the pre-chamber charge during the end of the compression stroke.
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Figure 5.6: Comparison of volumetric flow rate through the orifices. Simulation of
special motored mode (Mode B).

The amount of unburned fuel is expressed in terms of methane emission index
(EICH4= mass flow of CH4 in exhaust / total fuel consumption in kg/hour). The
best result shows that maximum of 30% of supplied fuel into the pre-chamber is
burned for gas average flow rate Q=0.1 Nm3/h. Further increase in the quantity
of additional gas in the pre-chamber does not bring any benefit in this mode, even
though the case with Q=0.2 Nm3/h (used for CFD) corresponds approximately to
the theoretical stoichiometric mixture for current pre-chamber volume. A very rich
mixture within the vicinity of the spark plug and low mixing of the pre-chamber
charge can be the reason why it leads to worse combustion (confirmed by CFD,
Fig. 5.3).

However, considering that the pre-chamber is an ignition device, it can be un-
derstood that for case Q = 0.3 Nm3/h, even though a lower fraction of total fuel
is burned, the absolute amount of fuel burnt and heat released by burning pre-
chamber jets is higher, which provides more ignition energy in the main chamber.
Tab. 5.1 shows the theoretical and real pre-chamber heat release for various fuel
flows, evaluated from the fuel quantity and combustion efficiency (as a reciprocal
value of methane emission index). The pre-chamber heat release (ignition energy)
varies between 20 to 30 J, which is a thousand times higher than the spark energy
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Figure 5.7: Sensitivity analysis of ignition timing and fuel quantity, (Mode C).

(ANNEX F).

Q (Nm3/h) 0.1 0.15 0.2 0.3

Fuel quantity (mg/cycle) 1.3 2 2.7 4

Theoretical fuel energy (J) 66.4 99.6 132.8 199.2

EICH4 (kg/kgfuel) 0.7 0.78 0.81 0.85

Pre-chamber heat release (J) 19.9 21.9 25.2 29.9

Table 5.1: Pre-chamber heat release.

The interior of the pre-chamber is partly separated from the main combustion
chamber, and thus is protected from the intensive mixture motion in the cylinder.
The idea of the pre-chamber without scavenging in full combustion mode (Mode D)
could be used, however, additional gas in the pre-chamber is necessary for scavenging
hot residuals from the previous cycle, and keeping the wall surface temperature
within the safe operational range (avoiding pre-ignitions).

It is important to note that the operation in this mode (Mode C) is not typical for
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normal engine operation. It is used for the CFD validation only. Partially, it reflects
the pre-chamber functionality, but the results are distorted by the short circuit
scavenging (37% by CFD simulation) and the poor composition (and conditions) in
the cylinder leads to flame quenching. The lost fuel would be probably burned in
the main combustion chamber in normal operation.

Full Combustion Mode

Fig. 5.8 displays the basic performance parameters of the naturally aspirated
engine with the pre-chamber ignition system at constant engine speed of 1800 rpm,
fully open throttle valve and constant pre-chamber fueling flow rate of 0.1Nm3/h.
The ignition timing was adjusted to keep the constant (position) combustion phasing
of 50 percent mass fraction burned (CA50 = 10◦aTDC) for all of the operating
conditions. Desired air excess ratio was set by the control of the main gas actuator
at the compressor inlet.

The measuring sequence started at λ ∼ 1 operational point (with IMEP 8.25
bar) which demonstrates the ability to operate the pre-chamber with the mixture
composition that is compatible with a three-way catalyst (TWC).

At low loads, the scavenged pre-chamber allows ignition of extremely lean fuel-
air mixtures with high combustion rate and significantly expands the flammability
limit compared to the conventional spark (see Chapter 4). The curve of peak in-
cylinder temperature (TMAX) shows the typical descending tendency with higher
air excess values. The low temperature combustion results in low NOX emissions,
lower thermal losses and higher ratio of specific heats, which leads to increase in
thermal efficiency.

At extremely lean operation, the content of nitrogen oxides in raw exhaust gas
is very low, offering a good prospect to comply with emission limits given by the
legislative for road vehicles, without an exhaust gas NOX after-treatment. During
the operation with λabove 1.9, the specific values of NOX formation remain below
the threshold of 0.5 g/kWh, which is considered to be decisive for assessment of
acceptability of NOX emission from the point of view of current and future emission
legislature.

Another aspect of extreme mixture dilution is the increase of hydrocarbons emis-
sion. Amount of unburned fuel is expressed in terms of methane emission index
(EICH4). At the right side of the graphs (λ= 2.1), the engine indicated efficiency
(etai) is low and considerable amount of delivered fuel does not burn at all. This is
the major challenge to improve performance of the pre-chamber ignition system.
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Figure 5.8: Basic performance of pre-chamber engine, (Mode D).

Transient Test

The following test is presented to describe the pre-chamber behavior during the
change of operational modes. The transient test started with the same conditions
as the previously mentioned measurement when the full combustion regime ended.
During the transient, the main gas supply was stopped. This test demonstrated the
change from full combustion mode (Mode D) to combustion in pre-chamber only
(Mode C).
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The four selected cycles from the high speed data acquisition record of 146 con-
secutive cycles for this transient test are shown in Fig. 5.9. The measurement started
at steady operating point (Mode D) with Lambda = 2.1 and IMEP = 3.41 bar. The
pressure trace for this point is shown by the curve cycle 0. A visible increase in pres-
sure in the pre-chamber, followed by the start of combustion in the main combustion
chamber can be observed.

Transient states are represented by curves from cycle 57 and cycle 73, which
show reduced pressure rise rate than that in cycle 0, but steeper than that in cycle
84. The pressure trace of cycle 84 represents the combustion only in the pre-chamber
(Mode C). The position of the peak pressure was significantly shifted, when the main
gas stopped flowing into the cylinder. The combustion (and its stability) begins to
deteriorate significantly until it is hardly visible (identified) at the end of the test.

Possible explanation of the improved functionality at normal engine operation
in the “Full combustion mode” is the enlargement of the flammability region in the
pre-chamber by the mixture flowing from the cylinder. It leads to stabilization and
better combustion in the pre-chamber.

88



5 Analysis of Scavenged Pre-Chamber for Light Duty Truck Gas Engine

Figure 5.9: Transient test - results of high speed data acquisition, pressure in
pre-chamber.
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5.8 Discussion

It has to be mentioned that informative quality and explanatory power of the
CFD simulation effort in its current state is limited by introducing a number of
simplifications. However, the results acquired so far, allow a deeper insight into the
behavior of the pre-chamber charge than previous 0-D and 1-D simulation attempts.
Short summarization of the newly acquired knowledge follows.

Fuel Leakage Assessment:

A simple mechanical control of the fuel supply in the pre-chamber by the check
valve, with the appropriate opening pressure and with appropriately adjusted fuel
pressure upstream of the valve, provide an acceptable and sufficient fuel supply con-
trol. For the pre-chamber fuel rate below 0.2 Nm3/h, the results show insignificant
fuel leakage during the exhaust stroke into the exhaust due to the short circuit
scavenging.

Mixture Distribution:

The mixing intensity of lean mixture (or pure air in the investigated case), coming
from the cylinder into the pre-chamber, with the original pre-chamber charge during
the compression stroke, is low. The iso-lines in Fig. 5.3 look as if the two parts of the
pre-chamber charge were separated by a diaphragm. If a higher degree of dilution
of the original charge in the vicinity of the spark plug gap is desirable, the intensity
of mixing of pre-chamber charge has to be enhanced.

Pre-chamber Scavenging:

Results of the CFD simulations presented in Figure 5 show that at the instant,
when the fuel delivery is finished, by closing the check valve, the remaining CO2

occupies approximately 40 % of the pre-chamber mass, while the rest of the pre-
chamber is filled with the delivered methane. After the pre-chamber charge is diluted
by the inflow of the working substance from the cylinder during the compression
stroke, the content of residuals in the pre-chamber is lower than the typical content
of residual gas in conventional SI engines operating with wide open throttle valve
(typically around 5%, [33]).

The locally averaged composition of the pre-chamber charge at the instant of the
expected spark discharge is favorable. However, the contours in the picture in Fig. 5.5
do not offer a very optimistic prospect. The spark plug gap is positioned to the right
of the bulk flow of the working substance. It is expected, that even if the composition
of working substance in the vicinity of the spark electrodes would be significantly
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improved, until the spark discharge takes place, the mixture stratification shows
rather unfavorable patterns with a high content of incombustible components near
the spark plug electrodes. A modification of the fuel supply channel inside the pre-
chamber body, with changed position and direction of fuel outlet was designed.
Modified pre-chamber is now under testing.

Experiments:

The performed sensitivity analyses serve also as data for control strategy and
optimal setting. Experimental results are consistent with performed CFD simula-
tions.

Lean operation potentially allows reduction of nitrogen oxides (NOX) emissions
to levels below the legislative limits without the need of NOX after-treatment sys-
tem. At the same time, lean mixture decreases the combustion temperature, hence
heat losses are lower and thermal efficiency of the engine increases.

Appropriately designed catalytic exhaust gas after-treatment would probably
be able to mitigate unburned hydrocarbons in all operational regimes. However,
unburned hydrocarbons lead to lower engine efficiency and therefore we want to
improve combustion efficiency by increasing the volume of the pre-chamber, i.e., the
value of ignition energy.

5.9 Conclusions

The pre-chamber engine was tested in four different fueling modes with or with-
out spark discharge, to allow separate investigations of various phenomena of this
advanced combustion system.

From the partly motored mode (Mode C) it can be concluded that the pre-
chamber as a source of ignition energy for lean burn engine provides approximately
one thousand times higher energy than the energy of conventional spark plug, even
though the combustion efficiency in the pre-chamber was around 30% in the best case
(Q = 0.1 Nm3/h). The (leakage) loss of unburned fuel, by its direct leak from the
pre-chamber to the main combustion chamber, will be burned in the main chamber
in normal engine operation.

The performed CFD simulations of the scavenged pre-chamber enhance experi-
mentally acquired knowledge. The quality of scavenging evaluated quantitatively as
amount of leaked fuel and qualitatively as a spatial distribution of mixture in the
pre-chamber were obtained and discussed. Despite the introduced simplifications,
which affect the accuracy of the results, this model can be used for efficient eval-
uation of different variants, geometry optimizations and sensitivity analysis, with
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lower computational requirements, and also as a feedback for the calibration of the
scavenging object in the 0-D model of the pre-chamber in the GT-Power software.

According to CFD results, the evaluated pre-chamber can be described as a no
swirl pre-chamber with the stratified charge. The low mixing in the pre-chamber is
the main factor that influences the functionality of the designed version. Due to this
fact, which results in rich mixture in the vicinity of spark plug electrodes, the maxi-
mum amount of the additional gas in the pre-chamber and thus the ignition energy
is limited. However, the very good global functionality (performance) of the whole
combustion system in normal operation was confirmed by the presented lambda
sweep, which shows sufficient combustion efficiency, together with favorable NOX

emissions.
The lean mixture flowing from the cylinder increases the flammability region in

the pre-chamber and leads to the stabilization and better combustion in the pre-
chamber. The enhanced ignition energy, which results from multipoint ignition of
the mixture in the main combustion chamber, results in steep rise of combustion
rate and expansion of flammability limit compared to conventional spark ignited
engine.

The knowledge will be subsequently used in the new prototype design, to improve
global functionality of scavenged pre-chamber, e.g., better charge homogeneity and
its scavenging. The CFD simulation of the combustion in the pre-chamber will be
introduced in the next chapter. The complete engine geometry and combustion
process will be solved.
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Chapter 6

Development of a Pre-chamber
Ignition System for Light Duty Truck
Engine

Various sensitivity studies of control strategies (pre-chamber fueling rate, ignition
timings) and geometrical configurations (number and geometry of nozzles) of the
pre-chamber were presented in chapter 4. The most of the analyses then were based
only on the detailed thermodynamic analysis of the records of the two pressures in
the pre-chamber and the main combustion chamber, coupled with the analysis based
on the chemical efficiency from the exhaust gas composition measurements from the
raw exhaust gas.

A complexity of the physics inside the combustion chamber demanded the sup-
port from simulations to understand the complex physical and chemical processes
in the cylinder throughout the entire engine working cycle. Therefore, as a first step
a 1-D model of the tested engine was built and calibrated. In the next step a CFD
flow model of a pre-chamber geometry with fixed mesh was designed and used for a
numerous studies of the scavenging and the investigation of the flow field inside the
pre-chamber of the motored engine with and without fuel supply chapter 5 to the
pre-chamber.

A CFD engine model with intake and exhaust ports and combustion chamber
geometry with moving piston and valves describe the behavior of the whole working
substance during the working cycle. Combustion process is involved. Current state
of CFD modeling will be described in dedicated section.
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6.1 Experimental Setup

The engine and all of the experimental equipment for this study is exactly the
same as the equipment described in the chapter 4. The pre-chamber variant, investi-
gated in the current chapter is identical to the 12 hole (∅1.2 mm) variant, described
in the chapter 5 in Tab. 4.2.

6.2 Measurement Results

The measurement results are introduced as they were acquired with pre-chamber
configuration described in the previous sections. All measurements were performed
at 1800 rpm, fully open throttle and ignition timing adjusted to give constant posi-
tion of 50% of mass fraction burned (CA50 = 10◦ aTDC) for each measured point.
Constant pre-chamber fueling rate of 2 mg/cycle was adjusted according to the
results of the preliminary experimental sensitivity studies (see chapter 4). Confir-
mation of the correctness of this value is presented in Fig. 6.9 later in section CFD
Model Results.

The engine was fueled with grid natural gas with 97.1 % (by volume) of methane.
Air excess ratio is used as an independent variable in all graphs in this section.

Figure 6.1: Basic engine performance as a function of the air excess ratio (λ).

Engine performance and efficiency is shown in Fig. 6.1, where indicated mean
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effective pressure (IMEP) and indicated specific energy consumption (ISEC) curves
are plotted as a function of the air excess ratio (λ). In the figure, three points of λ
= 1.05, 1.49 and 1.9, that were used for CFD simulations are highlighted (yellow
markers).

Figure 6.2: Engine-out emission as a function of the air excess ratio (λ).

Engine out emission are introduced in Fig. 6.2 as indicated specific emission of
NOX (ISNOX) and methane emission index (EICH4).

Engine running roughness is presented in Fig. 6.3 by plot of coefficient of variation
of indicated mean effective pressure (COVimep). In the same figure combustion
phasing is depicted by plot of CA50 and ignition timing (IgnTmg).

The curves in Fig. 6.1 to Fig. 6.3 illustrate typical behavior of the pre-chamber
engine. Lean limit of flammability is significantly extended compared with conven-
tional SI engines. While operating with mixture composition at the lean end of the
presented curves the content of NOX in raw exhaust gas is very low, featuring good
prospect to simplify the exhaust gas aftertreatment in the real world operation.

On the other hand, the pre-chamber engine is able to operate with stoichiometric
mixture at fully open throttle. This makes possible to operate engine at full load
with λ = 1 and conventional TWC. Burning velocity within the whole tested range is
sufficient, as can be observed from moderate demand for spark advance to maintain
CA50 = 10◦ aTDC.

Within investigated range of air excess ratio, the constant pre-chamber fueling
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Figure 6.3: Running roughness & combustion phasing as a function of air excess
ratio.

rate ensures reliable ignition. This observation can simplify the real engine control
strategy. Within the range of lean mixture operation, valid for SI engine (λ <= 1.7),
the engine running roughness is very low. Up to λ = 2 the running roughness is still
acceptable (COVimep <=5The main drawback is high content of unburned methane
in engine-out exhaust gas Fig. 6.2. It worsens significantly chemical efficiency with
a penalty in overall engine efficiency.

6.3 1-D Flow Model for Boundary Conditions Gen-
eration

1-D GT-Power model of the investigated system was built and used for gener-
ation of physical quantities which are not available from direct measurement (e.g.,
instantaneous mass flow rate of gas through the check valve which was used as a
boundary condition in CFD simulation). The simulation of the “pre-chamber engine”
requires modeling of two divided combustion chambers (one for the cylinder and the
second one for the pre-chamber). For both volumes, the modeling of combustion,
heat transfer and emission formation is needed and therefore the cylinder objects
were used. At the first stage, a scavenging reference object was not used, i.e., the
gases in the investigated volume are assumed to be ideally mixed (0-D approach).

96



6 Development of a Pre-chamber Ignition System for Light Duty Truck Engine

In case of pipes, the numerical simulation uses 1-D discretization (parameter is
the length of pipe). These assumptions lead to good prediction regarding the values
of flow velocities and flow rates. On the other hand, the 1-D model cannot correctly
determine the composition of the charge in the pre-chamber, to assess a gas leakage
and so on, that is a task for CFD.

The influence of throttling in the pre-chamber’s nozzles is respected by several
pipes with appropriate dimensions (1-D approach). The pressure losses are repre-
sented by flow coefficients, calibrated by the data of pressure traces that are directly
measured in the cylinder and the pre-chamber from a motored engine. The amount
of additional gas flow into the pre-chamber is controlled by the pressure upstream of
the check valve. The mechanical check valve prevents backflow from the pre-chamber
into the fuel system. This part was modeled by the valve object (connection) with
two dimensional array of pressure difference and discharge coefficients (determined
experimentally). A dynamic behavior is respected by the valve lift time constant
which represents the inertia of the valve (was set to 0.1ms).

The rest of the model was calibrated by a standard three pressure analysis (TPA)
procedure [15] from experimental data (in-cylinder, intake and exhaust manifold
pressure records) for each operating point. The Fig. IV in Annex E shows the scheme
of the pre-chamber engine model with intake and exhaust ports.

6.4 CFD Model of Pre-Chamber Engine

Detailed CFD thermodynamic model of the scavenged pre-chamber SI engine
was created in AVL FIRE [4]. The main target of this activity was to create a
predictive model to evaluate different design variants of the target engine, hence
enabling optimization of certain design parameters. The CFD model also allows for
understanding the complex phenomena taking place inside engine combustion cham-
ber. The CFD model was built while using the experience from EU FP7 program
LESSCCV which was focused on detailed modelling of combustion processes in SI
engines including cycle-to-cycle variability – c.f. [85], [77].

Mesh Generation and Calculation Setup

The mesh was generated using detailed engine geometry from CAD/CAE soft-
ware tools. The generated mesh is presented in Fig. 6.4. As the engine cycle per-
formance simulation over the entire cycle was needed, the movable mesh of the
complete 4-stroke engine cycle had to be created – this is always a complex task to
achieve that. The following AVL FIRE tools were needed: FAME Engine+, FAME
Hexa. Moreover, all engine ports are present during the whole calculation – this
was needed as multiple engine cycles were calculated to study the Cycle to Cycle
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Variation (CCV) effects. Due to application of the Large Eddy Simulation (LES)
approach, the maximum cell size was set to 0.6 mm while refinement near certain
parts/edges was needed. The pre-chamber cell size was set to 0.3 mm while chan-
nels connecting the pre-chamber with engine cylinders were modeled even finer:
typical cell size was 0.15 mm. The main reason behind the mesh refinement in the
pre-chamber domain is the requirement to capture the early flame development in
pre-chamber. The amount of mesh cells varies between 7.5 and 13 million depending
on engine crank train position.

Figure 6.4: A snapshot of CFD mesh.

Concerning boundary and initial conditions, they were transferred from the cal-
ibrated 0-D/1-D model of the engine created in SW tool [3], described in previous
section. To be more precise, surface temperatures were based on simplified predictive
FEM model, inlet/outlet boundary pressure/temperature was imposed as function
of crank angle. The same applies to fuel mass-flow rate to the pre-chamber, which
represents mixture enrichment via dedicated fuel supply system. Initial values of all
required thermodynamic parameters (including composition) were directly trans-
ferred from the 0-D/1-D model.

Dealing with numerical setup, the following settings were applied. PISO algo-
rithm [37] was selected as time integration method while 2nd order schemes were
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used for convective term approximations. Time step was set to 0.1 degCA. Regard-
ing turbulence modelling, coherent structure version of LES approach [51], [46], [45]
was selected. Concerning combustion models, the LES version of ECFM-3Z [63] was
activated due to positive experience with this model from the past – c.f. [85] and [77].
It should be stressed that this model is turbulence driven, hence it cannot capture
local chemical effects (e.g., flame quenching due to low temperature) – this leads to
a statement that all fuel is burnt when using this model (provided there is enough
oxygen). Dealing with applied chemistry, the turbulence driven combustion models
are usually linked with simplified chemistry approaches based on equilibrium. This
was also the case for the presented CFD calculations. The only considered pollutant
was NOX , however its formation was based on standard approach [97], which is to
solve certain equations of chemical kinetics.

CFD Model Calibration

As the applied models are supposed to be detailed and predictive, there are
not many parameters to be calibrated. After discussions with experts from AVL
(provider of CFD tool [4]), only 2 parameters were selected for tuning of combus-
tion model: initial flame surface density and stretch factor. These parameters were
identified with respect to experimental data for the case of air excess 1.05.

After that, these parameters were fixed for all other calculations. The only other
parameter, which was also varied, was combustion timing. As the detailed ignition
model was not applied, the simplest approach of imposing flame kernel of certain
size and flame density was adopted. Hence, there is a need to find a proper phasing
of this event (early flame kernel development in the pre-chamber). This was achieved
by variation of ignition event to match the 1st pressure peak in the pre-chamber for
the case of 1st calculated engine cycle. All other subsequent cycles kept the same
combustion phasing as for the 1st cycle. This fine-tuning of combustion phasing was
done for every case of calculation (i.e., different levels of air excess).

Fig. 6.5 shows comparison of in cylinder and pre-chamber pressures for average
cycle (from 115 measured and from 5 modeled cycles) and for the cycles with the
highest and the lowest peak pressure. All graphs correspond to the case of 1800 rpm
and air excess of 1.05. In this case the modeled pressures match the measured average
curves well. It can be seen that LES modeling approach captures the cycle-to-cycle
variation similarly as experiment. Bottom graph (of Fig. 6.5) shows RoHR for the
cycles with the highest and the lowest peak pressures both modeled and measured.
The shape, phasing and duration of ROHR are closely matched to experimental
data. Based on these results, the CFD model was declared to be calibrated.

Similar comparison of model results with experiments was performed for air
excess of 1.48 and 1.9. Fig. 6.6 displays the same set of curves as Fig. 6.5 for the air
excess of 1.9.
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It should be stressed that model results are predicted data and the only tun-
ing was related to the combustion phasing (as described above). A relatively good
correspondence was found including CCV effects. However, the modeled pressure
traces are over-predicted when compared with experimental data. This is related to
above mentioned fact that LES ECFM-3Z combustion model, which is turbulence
driven, cannot predict any local chemical phenomena (e.g., flame quenching). That
is why all fuel is always burnt in CFD calculations while it is not the case for the
real engine. In real engine operation 13% of unburned methane was observed in raw
exhaust gas as visible in Fig. 6.2.

It is supposed that these effects are related to local chemistry and only com-
bustion model based on chemical kinetics could capture that. Such model will be
employed in the future.
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Figure 6.5: Comparison of measured and modeled pressure in the cylinder (pCyl -
top) and in the pre-chamber (pChmbr - middle) and rate of heat release (RoHR -
bottom) for the case of 1800 rpm and air excess of 1.05. Blue color corresponds to
CFD calculation. Red color corresponds to measured data.
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Figure 6.6: Comparison of measured and modeled pressure in the cylinder (pCyl -
top) and in the pre-chamber (pChmbr - middle) and rate of heat release (RoHR -
bottom) for the case of 1800 rpm and air excess of 1.9. Blue color corresponds to
CFD calculation. Red color corresponds to measured data.
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6.5 CFD Model Results

The combustion model assumes the composition of combustion products as equi-
librium mixture at given state condition and mass balance. That is why the CFD
calculations are not yet able to help with solving the main challenge, we are fac-
ing i.e. excessive content of unburned methane in exhaust. Nevertheless, there are
certain particular questions which can be well answered by CFD results. The rela-
tionship between experimental results and CFD outputs is illustrated in Fig. 6.7 for
the operation point with the highest investigated air excess (λ = 1.9).

Figure 6.7: Measured instantaneous pressures in cylinder (pCyl), pre-chamber
(pChmbr), intake port (pIn) and exhaust port (pEx) (top) and modeled mass of
methane (mCH4) in the pre-chamber for the case of air excess 1.9 (bottom).

In this figure the scopes of in-cylinder pressure (pCyl), pre-chamber pressure
(pChmbr), intake manifold pressure (pIn) and exhaust manifold pressure (pEx) are
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transferred from high-speed data acquisition record. The pressure in the fuel line
upstream of the check valve is also plotted, as it was measured by low-speed data
acquisition system. The pressure difference (4p) demanded for opening the check
valve is introduced, as it was measured by a separate test on the check valve. The
start of injection (SOI) and the end of injection (EOI) points are marked. They were
determined by relationship of pressures in the fuel line and in the pre-chamber. The
scope of absolute instantaneous mass of methane inside the pre-chamber (mCH4)
was transferred from CFD results. Methane content in the pre-chamber increases
during the inflow from fuel line and during refilling from cylinder within the com-
pression stroke. During the combustion process the methane content disappears.

The effectiveness of pre-chamber scavenging can be determined neither by mea-
surement nor using 0D or 1D simulation approach. CFD is an appropriate tool for
performing this task. For the three tested operational points (λ = 1.05, 1.48 and
1.9), it was stated that, when the fuel delivery is finished by the closing the check
valve, the concentration of residual gas in the pre-chamber lies between 24 and 30%.
At the time of spark discharge, after the pre-chamber charge is diluted by inflow of
fresh mixture from the cylinder, the content of residual gas falls between 4.5 and 5.5
% i.e. to the value typical for SI engine with undivided compression volume. Graphic
description of the pre-chamber scavenging is shown in Fig. 6.8 for air excess value λ
= 1.48 by plot of mass fraction of combustion products.

Figure 6.8: Modeled mass fraction of combustion products for the case of the air
excess ratio 1.48.

The assessment of average mixture composition in pre-chamber while diluted by
delivery of (lean) mixture from cylinder during the compression stroke is by CFD
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easily possible. From the scopes of instantaneous spatial average of molar fraction
of oxygen and methane the course of instantaneous spatial average of air excess can
be obtained. The air excess value before the spark discharge lies between 0.7 (for
global air excess 1.05) and 1 (for global air excess 1.9), i.e. inside the flammability
limits. It needs to be pointed out that constant fueling rate to the pre-chamber (2
mg/cycle) was applied for all three operational points.

Figure 6.9: Pre-chamber mixture composition.

In Fig. 6.9 the crank angle indexed methane and oxygen molar fractions (top
–along whole cycle) and air excess ratio in the pre-chamber (bottom – within
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the compression stroke) are plotted. Spatial average numbers within the whole
pre-chamber volume are introduced. In the following figures, the mass fraction of
methane contours will be presented in various parts of working cycle in selected
cross sectional views of the pre-chamber and cylinder volume.

Mixture distribution just before spark event

The ignitability of the pre-chamber charge is defined by local mixture composi-
tion inside and in the vicinity of the spark gap. The operational point with global
air excess close to 1 can be crucial from this point of view. With spatial averaged
lack of oxygen in the pre-chamber (Fig. 6.9), the possible local enrichment in the
vicinity of spark gap would cause difficulty by initiation of combustion. The CFD
shows certain level of mixture stratification, with the richest mixture in the top part
of the pre-chamber volume. Nevertheless, even during the engine operation, with
global air excess close to 1 (the worst case from this point of view), the enrichment
of mixture in the spark gap does not exceed the rich limit of flammability.

Figure 6.10: Methane mass fraction at 3◦ bTDC. for λ = 1.05.

The contour in Fig. 6.10 outlined the distribution of methane mass fraction at
the moment just before start of combustion.

Mixture distribution at EVC

As already mentioned, the fuel delivery into the pre-chamber is controlled by
pressure difference between fuel line upstream of the check valve and the pre-chamber
itself. It can be easily derived from the Fig. 6.7 that SOI occurs within the exhaust
stroke. Therefore, the fuel inflow into the pre-chamber starts during the late phase
of exhaust stroke. In this way, there is a potential for a fuel leakage into the exhaust
port when exhaust valve is opened.
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Figure 6.11: Assessment of methane leakage to exhaust port.

The CFD boundary conditions were analyzed and methane flow to the exhaust
port less than 1% of methane delivery to the pre-chamber was identified for all
investigated cases. Fig. 6.11 shows the distribution of methane mass fraction at the
crank angle position at EVC. Quite massive inflow of fresh mixture from intake ports
takes place. It can also be assessed visually that blow-by through the pre-chamber
connecting holes does not influence the contour of CH4 appearance significantly.
It can be stated, that direct leakage of fuel into the exhaust port during the pre-
chamber scavenging is negligible. Till now, the mentioned CFD outputs show good
agreement with experimental findings. In this way the plausibility of experimental
data is enhanced and reciprocally the model’s predictive ability is confirmed. Pure
model outputs will be used in the next section for further consideration.

Flame propagation at the start of combustion

In the top picture in Fig. 6.12 (taken 1◦ after the compression TDC) the flame
propagates inside the pre-chamber. Blue colored region represents combustion prod-
ucts. Rich mixture flows through connecting holes, forced by the pressure peak in
the pre-chamber. In the presented case 0.7 mg of methane escapes to the cylinder.

From the point of view of ignition energy, the escaped fuel can be considered as
a loss, on the other hand the escaped fuel will be burned in the cylinder during the
subsequent combustion process. In the mid picture (2◦ aTDC) the first appearance of
flame in the cylinder is visible. At 3◦ aTDC the flame jets reach the piston surface.
The velocity of the flame jet propagation is approximately 200 m/s. The entire
process of flame propagation with rugged surface of the flame front significantly
differs from spherical surface with continuously growing radius as observed in SI
engines with conventional spark plug.
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Figure 6.12: Flame penetration into the cylinder volume.

6.6 Summary and Conclusions

Experimental observations show:

• The engine equipped with the scavenged pre-chamber is capable of running
a wide range of λ with constant combustion phasing adjusted to optimum
engine efficiency (CA50 = 10 deg aTDC). This was achieved by a constant
fueling rate to the pre-chamber within the range of tested air excess ratios.
The demand for spark advance control is moderate.

• The method of fueling was proven successful. Fuel was delivered via a simple
fuel line and check valve, and fuel injection rate was controlled only by the
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pressure in the fuel line.

• While operating at the lean end of the investigated range, the NOX emissions
in the raw exhaust gas are very low, which bodes well for real world operation
at low load without exhaust gas aftertreatment.

• The most significant experimental challenge is managing the content of un-
burned hydrocarbons in the engine-out exhaust gas. The air excess ratio range
needs to be trimmed to maintain a reasonable content of unburned methane
in the raw exhaust gas.

The results of the CFD model show:

• The effectiveness of pre-chamber scavenging is sufficient. The residual gas con-
tent inside the pre-chamber before the start of combustion is on the order of
one percent.

• At the time of spark discharge, the mixture composition in the vicinity of
spark gap is within the limits of flammability. This statement is valid for all
investigated operational points.

• Even if the flow of fuel into the pre-chamber starts during the later phase of
the exhaust process, the amount of leaked unburned fuel to the exhaust port
during pre-chamber scavenging was identified by CFD as negligible.

• The flame jet propagation in the cylinder occurs very fast. Further flame devel-
opment differs significantly from conventional hemispherical surfaces typical
of SI engines. Our next study will focus on modifying the geometry of both
the pre-chamber and the main chamber to cope with this phenomenon.

The detailed CFDmodel together with calibrated 0-D/1-D model are supposed to
introduce a lot of new information which might be difficult to be obtained experimen-
tally. This enables understanding gas exchange process (especially between cylinder
and pre-chamber) and turbulent flame development (especially in pre-chamber and
early in-cylinder phase). All that is expected to improve overall knowledge of the
pre-chamber concept applied to automotive ICE, hence leading to optimizations
planned for the near future.

The combustion model used in this study does not capture the local chemistry.
Only a combustion model based on chemical kinetics could capture that. Such a
model will be employed in the future.
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Chapter 7

Scavenged Pre-Chamber Volume
Effect on Gas Engine Performance
and Emissions

Experimental work presented in this study has been performed on a practical,
modified multi-cylinder engine. Therefore, the optical access for combustion diag-
nostics could not be applied. As it is difficult to get detailed (local) thermodynamic
properties from the experiments, theoretical approach is needed – in this particular
case, 3-D CFD combined with LES was adopted.

Based on the above mentioned the main goals of this chapter are the following:

• To test and compare two design variants of pre-chamber (small and big).

• To build a 3-D CFD model of the target engine (c.f. Tab. 4.1) with the focus
on combustion process and cycle-to-cycle variation (CCV) effects.

• To analyze detailed CFD data to understand combustion process of the target
engine, which is based on turbulent flame jet concept.

7.1 Experimental Setup and Procedures

Experiments were performed on a 4-cylinder 4-stroke natural gas engine which
was converted to a single cylinder one by closing the intake and exhaust ports of
three cylinders. The setup is identical to the one described in previous sections.

Otherwise the engine configuration remains unchanged from the original four-
cylinder one. The original turbocharger was matched to the four-cylinder engine
with variable turbine geometry (VTG) and intercooler. This modification allows
quick testing of different pre-chamber prototypes. VTG rack was kept constant at
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maximum stator nozzle area (minimum boost pressure). In mentioned configuration
the boost pressure was limited to several units of kPa. Therefore, single-cylinder
engine operated within the range of the naturally aspirated engine. The main engine
parameters can be found in Tab. 4.1.

A central mixer is used for an air-fuel mixture formation in intake manifold
upstream of the compressor. The engine was fueled with natural gas with methane
contents 98.4% (by volume). Mixture inflow is controlled by a conventional throttle
valve located downstream from the intercooler and actuated by a stepper motor. The
pre-chamber is filled with additional gaseous fuel through a miniature check valve.
Fuel flow to the pre-chamber is measured and controlled by an OMEGA FMA2610A
mass flow controller. The pressure in the fuel line upstream the check valve is given
by the equilibrium state given by the imposed flow, the check valve flow parameters
and the pressure in the pre-chamber. The filling and scavenging of the pre-chamber
can be partially controlled, based on the engine operating conditions, but with less
complexity, required for electronic injection system.

A capacitive ignition system (UNIMA TC+) enables independent adjustment
of the spark timing. All actuators and selected set of sensors are connected to the
engine electronic control unit (ECU) developed in the authors’ department using
Field-Programmable-Gate-Array as a HW platform. The ECU is fully accessible
and allows an open loop control as well. The detailed test setup description can be
found in chapter 4.

In order to determine the influence of the volume of the pre-chamber, an ex-
perimental comparison of two pre-chambers with the same geometry of the connec-
tion orifices with different volumes was performed. A brief description of a small
pre-chamber design is given in Fig. 7.1. The spark plug insulator assembly is asym-
metrically located. This allows placement of the check valve as close as possible to
the pre-chamber as well as miniature piezoelectric pressure sensor installation (not
visible). The fuel enters the pre-chamber via a single channel (approximately 40 mm
long with diameter of 1.2 mm) The big pre-chamber uses a redesigned fuel supply
system which is shown in Fig. 7.2. The check valve is located outside the pre-chamber
body, then the fuel flows through the capillary (with diameter of 1.5 mm) with ap-
proximate length of 130 mm and enters the pre-chamber by two opposite channels
(visible in the middle part of Fig. 7.1). This configuration allows placing of the stan-
dard (M8) spark plug in the pre-chamber axis. Main pre-chambers parameters can
be found in Tab. 7.1.
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Figure 7.1: Pre-chamber design: small pre-chamber (left), big pre-chamber
(middle), geometry of orifices (right) for the connecting channel configuration of 12x
d=1.2 mm.

Figure 7.2: Installation of big pre-chamber in research engine.
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Pre-chamber (PC) Small Big

Volume - VPC 1.92 cm3 4.1 cm3

Fraction of Compression Volume 2.2 % 4.6 %

CR with pre-chamber 12.2:1 12.0:1

Heat transfer (HT) area 8.5 cm2 15.4 cm2

Ratio of PC to overall HT area 4.3 % 7.4 %

Number of holes 12 12

Hole diameters 1.2 1.2

Table 7.1: Main pre-chambers parameters.
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7.2 Mathematical Model

0-D/1-D Model

A GT-Power model of the investigated system was built and used for determi-
nation of physical quantities which are not available from direct measurements and
for a crosscheck of the experimental results. The simulation of the “pre-chamber en-
gine” requires modeling of two separated combustion chambers (one for the cylinder
and the second one for the pre-chamber). For both volumes, the modeling of com-
bustion, heat transfer and emission formation is needed and therefore the cylinder
objects were used. The influence of throttling in communication ports (orifices) is re-
spected by several pipes with appropriate dimensions (1-D approach). The pressure
losses are represented by flow coefficients calibrated by data of pressure traces that
are directly measured in the cylinder and pre-chamber from motored engine. The
amount of additional gas flowing into the pre-chamber is controlled by the pressure
upstream of the check valve. The mechanical check valve prevents backflow from the
pre-chamber into the fuel system. This part was modeled by the valve object (con-
nection) with two dimensional array of pressure difference and discharge coefficients
(determined experimentally). The rest of the model was calibrated by a standard
three pressure analysis (TPA) procedure [15]. The difference against experimental
data was minimized by the calibration parameters, determined by genetic algorithm
optimizer – the procedure is explained in [79].

3-D CFD Model

For the simulation of the gas flow, spray mixture formation and flame propaga-
tion processes in the SI-engine analyzed in the present work, the 3D-CFD code AVL
FIRE is adopted [4]. The 3-D CFD SW solves the general conservation equations of
mass, momentum and enthalpy plus additional transport equations for turbulence
related quantities and for conservation of chemical species. The adopted solution
method is based on a fully conservative finite volume approach. All dependent vari-
ables, such as momentum, pressure, density, turbulence kinetic energy, dissipation
rate, and the scalar quantities are evaluated at the cell centers of the general, un-
structured computational grids. A second-order midpoint rule is used for integral
approximation and a second order linear approximation for any value at the cell-face.
Convection is solved by adopting higher order differencing schemes. In order to offer
full flexibility in terms of the structure and topology of the employed computational
meshes, the solver allows for each computational cell to consist of an arbitrary num-
ber of cell faces. Connectivity and interpolation practices for gradients and cell-face
values are set up to accommodate such ‘polyhedral’ calculation volumes. The rate
of change (accumulation term) is discretized by using an Euler implicit scheme. The
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overall solution procedure is iterative and is based on the Semi-Implicit Method
for Pressure-Linked Equations algorithm (SIMPLE) or Pressure-Implicit with Split-
ting of Operators (PISO, c.f. [37]), applicable to turbulent flows at all speeds. For
solving the large sets of linear equation systems evolving from the discretization of
the governing equations, an efficient preconditioned conjugate gradient method is
employed. More details can be found in documentation of AVL [4].

Dealing with numerical setup, the following settings were applied. PISO algo-
rithm was selected as time integration method while 2nd order schemes were used
for convective term approximations. Time step was set to 0.1 ◦CA.

Regarding turbulence modelling, Large Eddy Simulation (LES) was adopted. It
is based on the filtered instantaneous Navier-Stokes equations. Filtering operation
actually represents scale separation in space, where large scales are directly resolved
and the influence of small scales is taken into account by the sub-grid scale (SGS)
model. Coherent structure version of LES approach [51], [46], [45] was selected.

Concerning combustion models, the LES version of ECFM-3Z was activated due
to positive experience with this model from the past – c.f. [85],[77]. Premixed turbu-
lent SI-engine combustion is modeled in the present case by using the LES variant of
the Extended Coherent Flame Model (CFM) [63] which is based on solving a trans-
port equation for the flame surface density (FSD), suitably linked with the gas-phase
thermochemistry. It should be stressed that this model is turbulence driven, hence it
cannot capture local chemical effects (e.g., flame quenching due to low temperature
or turbulence-related effects) – this leads to a statement that all fuel is (usually)
burnt when using this model (provided there is enough oxygen). Dealing with ap-
plied chemistry, the turbulence driven combustion models are usually linked with
simplified chemistry approaches based on equilibrium. This was also the case for the
presented CFD calculations. The only considered pollutant was NOx, however its
formation was based on standard approach [97], which is to solve certain equations
of chemical kinetics.

The CFD model is based on existing engine design (c.f. Tab. 4.1). 3-D CAD data
of engine cylinder head, piston and liner were provided by engine manufacturer.
All the necessary geometry information was available, hence the meshing procedure
could be started. The meshing itself was made by means of hybrid meshing tool of
AVL FIRE. Typical mesh cell size was set to 0.6 mm – this is based on experience
from the previous work [85],[77] with LES approach to SI ICE modeling. The pre-
chamber cell size was set to 0.3 mm while channels connecting the pre-chamber with
engine cylinders were modeled even finer: typical cell size was 0.15 mm. The main
reason behind the mesh refinement in the pre-chamber domain is the requirement
to capture the early flame development in pre-chamber. The important parameters
of applied mesh are summarized in Tab. 7.2.

Concerning boundary and initial conditions, they were transferred from the cali-
brated 0-D/1-D models of the engine created in SW tool [3]. As multiple cycles were
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Typical Mesh Size < 0.6 mm

Min. Amount of Mesh Cells 7.5 x 106

Max. Amount of Mesh Cells 13 x 106

Max. Angle Interval of Single Mesh Set 10◦ CA

Table 7.2: Table 3. Main mesh parameters

calculated to estimated CCV effects, all ports were present in the computational
domain (hence no port removal when corresponding valves were closed). Hence, in-
let BCs are mapped onto surface representing inlet of intake port – inlet boundary
pressure/temperature was imposed as function of crank angle. The same applies to
outlet BC and outlet of exhaust port. The last BC surface corresponds to dedicated
fuel supply system of pre-chamber where fuel mass-flow rate to the pre-chamber was
imposed, which represents mixture enrichment in the pre-chamber – the surface is
located in small pipe near spark plug in upper part of the pre-chamber itself. Surface
temperatures were based on simplified predictive FEM model from simulations using
calibrated 0-D/1-D models. Initial values of all required thermodynamic parameters
(including composition) were directly transferred from the 0-D/1-D model(s).

The details regarding mesh generation and LES combustion model calibration
while using available experimental data are described in [3], [87]. This also includes
comparison between measurements and 3-D CFD model predictions.

7.3 Experimental Results

Combustion only in the Pre-chamber

Partly motored mode when fuel was delivered only into the pre-chamber and
spark was on is used for testing of the pre-chamber functionality. This mode was
investigated experimentally to evaluate the combustion efficiency in the pre-chamber
only, to quantify ignition energy from the pre-chamber combustion. Heat release
rates of different pre-chamber configurations can be quantified and compared in this
way.

The internal volume of the pre-chamber defines the maximum amount of gas that
the pre-chamber can accumulate during the filling (scavenging) phase. The actual
amount of gaseous fuel is affected by the efficiency of the scavenging of the residual
gases from the previous cycle. This mixture is diluted by the incoming mixture from
the main combustion chamber during the compression stroke. The dilution ratio is
equal (given by) to dynamic compression ratio (εDyn) by the equations Eq. (7.1).
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ε =
VIV C
VTDC

, (7.1)

where VIV C is a cylinder volume at intake valve close and VTDC is the minimum
cylinder volume at top dead center. This value represents the compression ratio
of the trapped volume. Evaluated dynamic compression ratio for testing engine is
9.5:1. This ratio exactly corresponds to the stoichiometric volume ratio of methane
and air. A stoichiometric mixture will be formed in the pre-chamber provided that
the pre-chamber is completely filled with gaseous fuel and that only air is in the
cylinder. This ideal case can occur in this operating mode (partly motored mode).
Conditions inside the pre-chamber for normal engine operation will be described in
the next paragraph.

Tab. 7.3 shows the theoretical and real pre-chambers heat release for various fuel
flows, evaluated from the fuel quantity and combustion efficiency (evaluated from
the methane emission index). The comparison shows that bigger pre-chamber pro-
vides approximately two times more heat release. Highest pre-chamber combustion
efficiency is achieved when the amount of gas which is delivered to the pre-chamber
corresponds to its volume (i.e. volumetric ratio (Vfuel / VPC) = 1). A further in-
crease in the amount of additional gas into the pre-chamber reduces the pre-chamber
combustion efficiency, but increase the total heat release which provides more igni-
tion energy in the main chamber. Excess fuel that leaks from the pre-chamber is
not lost because it would be probably burned in the main combustion chamber in
normal operation. However, a rich mixture may occur in the vicinity of the orifices.
All these trends are confirmed by CFD simulations – comparison of released chem-
ical energy in pre-chamber is shown in Fig. 7.3 in Annex and it relates well with
numbers presented in Tab. 7.3. The real pre-chamber heat release is also affected by
the position of the spark plug. The fresh charge is forced out from the pre-chamber
during combustion. The estimation of this loss is about 45% and it was performed
by the multi-zone combustion model described in [34]. It needs to be added that the
energy release by the pre-chamber combustion is therefore 700-2000 times higher
than the energy released by the spark discharge (see Chapter 6).

Full Combustion Mode

Full combustion mode represents standard engine operation when homogeneous
air-fuel mixture is formed in the intake manifold upstream the compressor. The
following charts display the comparison of the basic performance of the naturally
aspirated engine with different pre-chambers volumes (Small = 1.9cm3 and Big =
4.1cm3). The operation conditions were: constant engine speed of 1800 rpm, fully
open throttle valve and constant pre-chamber fuelling rate of 0.15 standard m3/h in
case of small pre-chamber and 0.2 standard m3/h in case of big pre-chamber. The
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Pre-chamber (PC) Small Small Big Big

Fuel avg. vol. flow rate – Qfuel (m3/h) 0.1 0.2 0.2 0.4

Vol. fuel quantity – Vfuel (cm3/cycle) 1.9 3.7 3.7 7.6

Volumetric ratio: Vfuel / VPC 0.96 1.93 0.9 1.85

Theoretical fuel energy – Total (J) 66 133 133 273

PC combustion efficiency (-) 0.3 0.19 0.36 0.26

Heat release (J) 19.9 25.2 47 69.5

Table 7.3: Pre-chamber heat release

ignition timing was adjusted to maintain the constant combustion phasing of 50
percent mass fraction burned (CA50) = 10◦ aTDC. This setting is close to the MBT
of this set-up for all operational points according to Chapter 4. Simultaneously with
ignition timing sweeps, pre-chamber fueling rate was tested and also presented in
Chapter 4. Desired air excess ratio was set by the control of the main gas metering
valve.

Engine performance and efficiency is shown in Fig. 7.3, where indicated mean
effective pressure (IMEP) and indicated efficiency curves are plotted as a function
of the air excess ratio (Lambda). The comparison shows that the pre-chamber with
bigger volume has lower IMEP and lower indicated efficiency compared to the small
one. Possible explanation can be: lower compression ratio, less combustion efficiency
and higher wall heat losses associated to larger heat transfer surface area of big
pre-chamber.

Engine out emissions are introduced in Fig. 7.4 as indicated specific emission
of NOx (IS NOx) and methane emission index (EI CH4). In case of the big pre-
chamber, the lower formation of NOx emissions associated with worse combustion,
represented by the higher amount of unburned hydrocarbons in the range of lambda
from 1 to 1.75 can be observed.

The amount of gas delivered into the big pre-chamber in the experiment (Q
= 0.2 standard m3/h) corresponds approximately to 90% of the pre-chamber rated
volume, which means that the pre-chamber is not fully scavenged and its potential in
terms of fuel filling is not fully utilized. Next, tests of increasing the fuel delivery into
the pre-chamber led to a deterioration of the pre-chamber performance due to rich
mixture inside the pre-chamber. The explanation for this behavior was provided by
the simulation results (Fig. 7.10) and will be discussed in more detail in the section
‘3-D CFD Results’ (located below).

Based on the above mentioned, the un-scavenged mode (passive) big pre-chamber
was tested (plotted by the green lines in the figures). The lean flammability limit
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Figure 7.3: Indicated mean effective pressure (IMEP) and indicated efficiency as a
function of the air excess ratio at engine speed of 1800 rpm. Comparison of the small
and the big scavenged pre-chambers and the big un-scavenged pre-chamber.

of un-scavenged pre-chamber was determined at lambda 1.53. Further increasing of
air excess caused unstable combustion and misfiring which is demonstrated by the
coefficient of variation of indicated mean effective pressure (COVimep) in Fig. 7.5.
It is clear that a passive pre-chamber cannot be used to ignite an extremely lean
mixture. However, there was an improvement in the overall function near the stoi-
chiometric mixture which is demonstrated by decreasing of unburned hydrocarbons

120



7 Scavenged Pre-Chamber Volume Effect on Gas Engine Performance and Emissions

Figure 7.4: Engine out emission as a function of the air excess ratio at constant
engine speed of 1800 rpm. Comparison of small and big scavenged pre-chambers and
big un-scavenged pre-chamber.

and the values are close to (or even better than) the small pre-chamber, without the
need for local mixture enrichment. However, a pre-chamber thermal damage might
occur (at the bottom part, around the orifices) due to missing scavenging of residual
gas and cooling by cold fuel delivery in this regime after a long time of operation.
The reduced amount of additional gas will have to be sufficiently compensated at
least by external cooling. In the case mentioned in this paper the outer surface of
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pre-chamber assembly (marked by the blue line in Fig. 7.1) was cooled by engine
coolant.

Figure 7.5: Coefficient of variation of indicated mean effective pressure (COV
imep) as a function of the air excess ratio at constant engine speed of 1800 rpm.
Comparison of small and big scavenged pre-chambers and big un-scavenged
pre-chamber.

Fig. 7.6 shows the comparison of the rate of heat release for the average cycle (in-
cylinder) near the stoichiometric mixture operation. All pre-chamber variants show
significantly faster combustion than that with conventional spark ignition (SI). Pre-
chamber provides multipoint ignition in the main combustion chamber and increases
the ignition energy. There is no significant difference between small and big scav-
enged pre-chambers’ rate of heat release. The un-scavenged pre-chamber shows the
highest combustion rate. The reason will be discussed later in the section ‘Simulation
Results’.

Comparison of the rate of heat release for lean operation at lambda 1.5 is illus-
trated in Fig. 7.7. The difference between small and big pre-chamber is not signifi-
cant. The big pre-chamber shows slightly higher combustion rate at the beginning
of combustion. The un-scavenged pre-chamber shows the lowest burn rate. The op-
eration of un-scavenged pre-chamber at lambda 1.5 is still acceptable. Combustion
instability occurs beyond this point.

Fig. 7.8. shows the comparison of two pre-chamber variants at lambda = 2. The
big pre-chamber shows higher rate of heat release then the small one. The increased
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Figure 7.6: Comparison of average cycle rate of heat release for the air excess of
1.05 at engine speed of 1800 rpm. Comparison of conventional spark ignition (SI),
small and big scavenged pre-chambers and big un-scavenged pre-chamber.

volume of the pre-chamber provides higher ignition energy and accelerates combus-
tion. In this way combustion duration can be shortened and spark advance can be
retarded. However, there was no expected reduction in unburned hydrocarbons. The
difference in NOx emissions is also very subtle.

As already mentioned, the adjustment of ignition timing was set to maintain
CA50 = 10◦CA aTDC in all cases. Big pre-chamber shows faster combustion which
is demonstrated by the values of CA5, CA90 and lower demand for spark advance
timing in Fig. 7.9 in lean operation. Near the stoichiometric mixture, the scavenged
big pre-chamber shows worse performance compared to small one. The big scavenged
pre-chamber cannot be operated at stoichiometric mixture at all due to unstable
combustion and misfiring (COVimep in Fig. 7.5). With the highest probability, the
mixture in the vicinity of the spark gap is extremely rich causing poor ignitability.
On the other hand, the un-scavenged big pre-chamber provides best combustion
stability and the fastest combustion probably due to better charge homogeneity. It
can operate with rich mixture.

The mentioned lambda sweeps were also performed for the big and small pre-
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Figure 7.7: Comparison of average cycle rate of heat release for the air excess of 1.5
at IMEP = 7 bar and engine speed of 1800 rpm. Comparison of small and big
scavenged pre-chamber and big un-scavenged pre-chamber.

chamber at engine speed of 1200 rpm and 2400 rpm. The trends for various engine
speeds are very similar, hence the data are not presented here.
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Figure 7.8: Comparison of average cycle rate of heat release for the air excess of 2
at IMEP = 4.6 bar and engine speed of 1800 rpm. Comparison of small and big
scavenged pre-chambers.
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Figure 7.9: Spark timing, CA 5 and CA 90 at constant engine speed of 1800 rpm.
Comparison of small and big scavenged pre-chambers and big un-scavenged
pre-chamber.
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7.4 Simulation Results

0-D/1-D Model

The air excess in the pre-chamber is one of the parameters which cannot be
determined experimentally. The GT-power model allows a prediction of the average
value of the air excess in the pre-chamber. The simulation uses the 0-D approach
that means the gases in the investigated volume are assumed to be ideally homoge-
neously mixed. Fig. 7.10 shows the air excess in the scavenged pre-chamber before
combustion start as a function of the global air excess ratio. It can be observed
that ideal stoichiometric mixture in the pre-chamber is achieved at very lean mix-
ture operation. On the other side, the extremely rich mixture in the pre-chamber
which is close to the flammability limit occurs at stoichiometric engine operation.
This fact leads to deterioration of the combustion stability in the pre-chamber and
subsequently in the main combustion chamber as mentioned in comment to the
Fig. 7.9.

Figure 7.10: GT-Power simulation – 1800 rpm, constant pre-chamber fuelling rate
of 0.2 standard m3/h: air excess in the big scavenged pre-chamber as a function of
the global air excess ratio.
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3-D CFD Results / Computed cases

As mentioned above, the CFD approach was applied to get deeper understanding
of all important phenomena taking place in the target engine. This concerns mainly
mixing and combustion. Based on previous experience (c.f. [85],[77], the LES ap-
proach is supposed to predict the mixing well. Moreover, if flame front propagation
is dominated by turbulence effects, LES ECFM-3Z model is expected to provide rea-
sonably accurate results concerning ROHR – however, it cannot capture chemical
effects (e.g., local quenching due to low temperature – this effect might be significant
when operating at higher levels of air excess).

Regarding combustion timing control, it is a bit more difficult for 3-D CFD.
Unlike in the case of experimental data, when CA50 point is kept constant at 10deg
ATDC, it would be too time consuming to achieve that – this would require to
run at least 5 cycles to determine the location of average CA50 point and then to
re-run it again while shifting combustion phasing to achieve CA50=10deg ATDC,
which clearly doubles the requirement for calculation time. As a single cycle requires
approx. 4 days (while using 192 CPU cores) and we usually run 4-5 consecutive
cycles, this would lead to significant decrease of calculated cases. Moreover, empirical
experience (based on previous calculations of the target engine) shows that ROHR
shape is almost unchanged when making small changes of combustion phasing (i.e.,
changes of order of few degCA). Hence, only ROHR diagrams are shown when
presenting 3-D CFD data from integral point of view. If the corresponding pressure
traces are needed, the fastest way to obtain them is to impose ROHR curves (from 3-
D CFD) into 0-D/1-D model and run the simulation while changing the combustion
phasing to achieve the desired location of CA50 point.

Fig. 7.11, Fig. 7.12 and Fig. 7.13 show comparison of in-cylinder rate of heat re-
lease traces for small and big scavenged pre-chambers and big un-scavenged pre-
chamber. From the 120 measured cycles the cycles with the highest and the lowest
peak pressure (in the graphs labeled as Max p meas and Min p meas) were selected.
ROHR data for 3 cycles from CFD results are shown – 1st calculated cycle is skipped
due to possible influence of initial conditions (especially thermodynamic state in the
pre-chamber might influence subsequent combustion phase). All graphs correspond
to the case of 1800 rpm and air excess of 1.05. It can be seen that LES modeling
approach also captures the cycle-to-cycle variation. The shape, phasing and duration
of ROHR are closely matched to experimental data. All CFD traces are positioned
within the limits of experimental data. Based on these results, the CFD model was
declared to be calibrated.

Comparison of scavenged regime with un-scavenged one is presented in Fig.VI in
Annex G from ROHR point of view and Fig. IX , Fig.X in Annex G show detailed
3-D CFD data. All these data correspond to operation at stoichiometric mixture
(global air excess equals to 1.0). The ROHR data (Fig.VI) suggests that when big
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Figure 7.11: In-cylinder rate of heat release for small scavenged pre-chamber at
lambda =1.05 and engine speed of 1800 rpm. Comparison of the measured cycles
with the highest and the lowest peak pressures (Max p meas and Min p meas) and
CFD data.

pre-chamber is applied, combustion becomes faster regardless if the operation is
scavenged or un-scavenged. This is also confirmed by experimental data (Fig. 7.6 ),
although the version of big pre-chamber with scavenged operation might be slightly
overestimated by the CFD model.

Analysis of mixing process in pre-chamber shows that there is relatively small dif-
ference when comparing scavenged case (left column in Fig. IX ) with un-scavenged
ones (right column in Fig. IX ). Although scavenging phase leads to the fact that
pre-chamber doesn’t contain any oxygen at the end of intake stroke, all the mixing
with oxidizer has to be done during compression stroke. This leads to the fact that
there are still visible inhomogeneities of fuel space distribution just before spark tim-
ing event. When dealing with un-scavenged cases, there is lower demand for dilution
by mixture incoming from cylinder. Hence, mixture homogeneity is very high and
EGR content is low nevertheless it is slightly higher when compared with scavenged
case – c.f. Fig. 7.14 . This leads to lower CCV effects for the case of un-scavenged
pre-chamber – this is clearly visible in Fig.VI as both combustion phasing and com-
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Figure 7.12: In-cylinder rate of heat release for big scavenged pre-chamber at
lambda =1.05 and engine speed of 1800 rpm. Comparison of the measured cycles
with the highest and the lowest peak pressures (Max p meas and Min p meas) and
CFD data.

bustion shape are less varied when comparing all computed cycles. This confirms
that pre-chamber can work properly without scavenging if needed.

Scopes of space-averaged air excess ratio and residual gas content (RGC) in scav-
enged and un-scavenged big pre-chamber are introduced in Fig. 7.14 for stoichiomet-
ric operation. The figure clearly shows different operation of the pre-chamber when
using different scavenging strategies. Un-scavenged operation is suitable for near
stoichiometric operation as significant dilution would lead to too high air excess
in pre-chamber (at spark plug location), hence causing problems with reliable ig-
nition. At the global air excess of 1 the average value of lambda in the scavenged
pre-chamber at spark discharge is 0.61 and matches with the simulation in the GT-
power (Fig. 7.10 , left point). A very rich mixture is a reason for deterioration of
pre-chamber functionality and bad combustion stability. The differences in the resid-
ual gas content between scavenged and un-scavenged pre-chamber is 6,3% vs 10,7%
at combustion start. Functionality of the pre-chamber is primarily influenced by the
air excess and by the spatial distribution of the mixture in the vicinity of spark plug
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Figure 7.13: In-cylinder rate of heat release for big un-scavenged pre-chamber at
lambda =1.05 and engine speed of 1800 rpm. Comparison of the measured cycles
with the highest and the lowest peak pressures (Max p meas and Min p meas) and
CFD data.

electrodes.
Scavenging is supposed to push away hot exhaust gases out of pre-chamber and

cool down pre-chamber inner surface by relatively cold fuel gas. This is supposed
to improve pre-chamber cooling. Based on design of pre-chamber cooling circuit,
it was estimated that pre-chamber inner surface temperature is approx. 500 K.
Temperature space distribution is shown in Fig.X in the Annex. There is surprisingly
little difference between scavenged case and un-scavenged one – 3-D CFD data
suggest that there is almost no difference during major part of the whole engine cycle.
This is caused by strong effect of wall heat transfer as pre-chamber has high ratio
of surface-to-volume and by high turbulence level which supports mixing (surface
temperature of 500 K was applied for un-scavenged case as well). Comparison of
different pre-chamber designs at global air excess of 1.5 is shown in Fig.VII (ROHR)
and Fig.XI,Fig. XII in the Annex. These set of figures are the outcome of pre-
chamber optimization with the main focus put on connecting channel configuration –
more details can be found in [21]. Unlike in case of data presented above, pre-chamber
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Figure 7.14: CFD simulation of stoichiometric operation: air excess and residual
gas content in the big pre-chamber as a function of crank angle. Scavenged and
un-scavenged versions are compared

is always operated in scavenged mode. The ROHR data (Fig. VII) correspond well
with experimental ones (Fig. 7.7) – and it again suggests that increasing pre-chamber
size leads to faster combustion. The qualitative trends are similar to those presented
above for the case of global air excess of 1.0. Mixture quality space distribution is
shown in Fig. 7.15, Fig. 7.16 and more comprehensive presentation is shown in Fig.XI
in the Annex. It confirms that mixture homogeneity in pre-chamber is relatively low.
Relatively high space variations of local air excess can be observed – this also varies
significantly among the cycles, hence leading to higher level of CCV. When big pre-
chamber is applied, these variations become even stronger due to the fact that it
is taller (when compared with small pre-chamber), hence more time is needed to
perform mixing inside pre-chamber. On the other hand, the space distribution of
equivalence ratio follows required trend that rich/stoichiometric mixture is located
near spark plug to enable reliable ignition and robust/stable early flame kernel
development and propagation. This enables stable pre-chamber operation at high
air excess levels (up to the value of 2.0), which was also confirmed by experiments.

Flame front space/time development is plotted in Fig.XII for the case of air
excess of 1.5. It confirms that application of big pre-chamber leads to faster combus-
tion, which is primarily driven by higher level of released chemical energy (Fig.VIII)
and faster turbulent flame jet (related to size and number of connecting channels
with respect to total pre-chamber volume). This figure is also supposed to stress
that pre-chamber combustion is clearly different to classical SI one in terms of flame
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Figure 7.15: Equivalence ratio as a marker of mixture quality at air excess of 1.5,
‘big version (12x d=1.2mm)’, 10 degCA bTDC (legend: blue color corresponds to
value 0.0 while red one represents 2.0).

structure and the direction of flame propagation. In the case of turbulent flame jet
(i.e., application of pre-chamber), the flame front is created near piston top surface
and it then propagates towards cylinder head. As there are many jets (due to many
connecting channels), the flame surface in the main combustion chamber is large,
hence leading to fast combustion progress. Both experimental data and simulation
ones confirm this.
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Figure 7.16: Equivalence ratio as a marker of mixture quality at air excess of 1.5,
‘small version (12x d=1.2mm)’, 10 degCA bTDC (legend: blue color corresponds to
value 0.0 while red one represents 2.0).

7.5 Summary and Conclusions

In order to determine the influence of the volume of the pre-chamber, an exper-
imental comparison of two pre-chambers with the same geometry of the connection
orifices with different volumes was performed. From the partly motored mode, it can
be concluded that the big pre-chamber provides approximately two times higher ig-
nition energy than the small one. Nevertheless, the expected reduction in unburned
hydrocarbon production and the extension of the engine operating range (air excess
range) have not been achieved at full combustion mode. The benefit of the big pre-
chamber is a faster combustion and lower demand for spark advance timing. On the
other hand, the big scavenged pre-chamber shows a worse function and degradation
of performance in the vicinity of stoichiometric mixture. Behavior of big pre-chamber
in vicinity of stoichiometric mixture can be improved when un-scavenged (passive)
mode of operation is adopted. The un-scavenged pre-chamber can be used up to
the value of air excess 1.5. Combustion instability and misfiring occurs beyond this
point.

At lean operation, the increased pre-chamber volume could not be completely
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exploited due to low mixing intensity in the pre-chamber. The amount of gas delivery
into the pre-chamber and thus potential ignition energy are limited. This statement
is consistent with performed experiments and simulations.

The CFD model is based on LES approach while turbulence driven combustion
model (LES ECFM-3Z) was applied, hence no chemical effects (e.g., flame quenching
due to low local temperature) are taken into account. All the testing was done at
single operating point – engine speed 1800 rpm while considering different levels
of global air excess (the data related to values of 1.0 and 1.5 are presented in the
paper). Two design variants of pre-chamber were tested with pre-chamber volume
of 2.3 and 4.6% of cylinder compression volume.

Both scavenged operation and un-scavenged one were analyzed with big pre-
chamber. Although there are differences related to specific pre-chamber operation,
space distribution of important parameters just before ignition event is similar.
Hence, combustion is fast in both cases while un-scavenged mode features lower
levels of CCV. These trends are supported by experimental results.

3-D CFD results show that combustion process of SI ICE equipped with pre-
chamber is very complex one. The flame structure is far away from classical spherical
flame front shape of typical SI ICEs – its shape and topology is more similar to CI
ICE although it is still a deflagration flame front propagation process.

The performed 3-D CFD simulations allow determining the spatial mixture dis-
tribution within the pre-chamber. The CFD results show rich mixture in the vicinity
of the spark plug gap due to significantly stratified charge and low mixing in the
pre-chamber. The low mixing limits the maximum amount of additional gas, and
thus potential ignition energy of the pre-chamber volume, and further deteriorates
its function.

As a next step, it is necessary to focus on improvement of the pre-chamber
mixing to obtain better charge homogeneity. Further investigations with various
connection orifice geometries and a new design of the main chamber geometry are
in preparation.
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Chapter 8

Use of Hydrogen in a Combustion
Engine with Advanced Combustion

8.1 INTRODUCTION

Replacing conventional fossil fuels with hydrogen is one possible way of decar-
bonising land transport activities. Efforts to implement this basic idea are mainly
focused on the use of H2-powered PEM FC (proton exchange membrane fuel cells),
which would produce electricity on board for traction electric motors to power the
vehicle. Even though cars powered by H2 fuel cells are already on the market, there
are still serious problems that need to be addressed in order for fuel cells electric
vehicle (FCEV ) to be widely used in the real world.

While the range of vehicles and the refueling time of FCEV are comparable to
vehicles powered by ICEs, the cost of PEM FC is a major disadvantage caused by
the demand for special materials and production technologies. Another important
issue is the requirement for the purity of hydrogen for use as FC fuel. Therefore, it
makes sense to explore a different strategy for the use of hydrogen as a fuel for trans-
port, which could overcome the "chicken and egg" syndrome, at least in the initial
period of using hydrogen-powered vehicles and building hydrogen infrastructure.

Internal combustion engines (ICE) are the most widespread power units in the
world, used in freight and passenger transport. For spark ignition (SI) engines, it is
possible to use the design, based on natural gas engines for construction of hydrogen
fueled ICEs. Modification of a diesel engine to burn hydrogen is also possible, while
the engine remains capable of burning pure diesel (or renewable liquid fuels), i.e.,
the vehicle is not dependent on a sparse network of hydrogen filling stations. The
ICE is insensitive to the purity of hydrogen, so it allows the gradual development
of the hydrogen infrastructure without the need for expensive purification (initially,
before the major deployment of PEMFC).
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Internal combustion engines are not considered 100% emission-free propulsion
(so called “Zero tailpipe emissions”), because even when using hydrogen, they emit
nitrogen oxides (if atmospheric air is used as an oxidant). However, nitrogen oxide
emissions can be eliminated virtually to a zero level by the exhaust gas aftertreat-
ment system. A selective catalytic reduction (SCR) can be applied, where hydrogen
can also be used as a reducing agent. Lean NOx traps (LNT ) are another possible
means for NOx reduction.

Other carbonaceous pollutants, such as carbon monoxide (CO), hydrocarbons
(THC), carbon dioxide (CO2) and particulate matter (PM) can be almost elim-
inated by hydrogen combustion. In hydrogen engines, carbon containing gaseous
exhaust gas components and particle matter are formed only by the combustion of
lubricating oil, which escapes either through the piston rings or around the valve
stems or from the turbocharger bearings. The oil penetrates into the combustion
chamber also from the ventilation of the crankcase due to the imperfect separation
of the oil from the crankcase gas, as it returns to the engine intake manifold by the
positive crankcase ventilation system. Oil combustion and subsequent emissions can
be almost eliminated by careful design optimization of the mentioned subassemblies.

In the past, several car and truck manufacturers brought the development of
hydrogen-powered internal combustion cars to near-series production. Automotive
companies such as Ford [29], [55], [71], [38], [74], [76] and BMW [44], [13], [19]
presented hydrogen vehicle projects with internal combustion engines. Among the
most interesting was the BMW 7 Series with a six-liter naturally aspirated dual-fuel
twelve-cylinder engine with a power output of 191 kW. The vehicle allowed a range
of about 200 km on about 8 kg of liquid hydrogen in a cryogenic tank and another
500 km on gasoline [90].

For a transitional period in the development of hydrogen infrastructure, the
concept of a bifuel propulsion system seems to make sense, as it will ensure the
range of the vehicle in the absence of hydrogen filling stations. This concept is
similar to natural gas vehicles as today that are equipped with a small gasoline tank
(eg Fiat, VW, Škoda vehicles in Europe). The reduction in carbon dioxide emissions
will therefore not be maximized immediately with the deployment of these systems.
A gradual decrease in CO2 emissions can be expected. In practice, the intensity of
the desired effect will depend on the density of the hydrogen filling stations and
the societal benefits of using hydrogen as a motor vehicle fuel. The question arises,
why previously developed hydrogen cars have not started the hydrogen era yet? The
answer is not hard to guess. Hydrogen has not yet economically been a competitive
fuel compared to fossil petroleum-based fuels or natural gas.

The current trend in internal combustion engines lays in so-called downsizing
of the engines. Downsizing means reducing the displacement of engines (usually
associated with a usage of a low number of cylinders) and increasing their power
density by turbocharging. There has been a vast progress in turbocharging recently.
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Increasing the charge air pressure, while maintaining the optimum mixing ratio,
allows more fuel to be delivered to the engine and thus achieve higher performance
with better efficiency than can be achieved with the higher number of cylinders or
high engine speeds. Another benefit of downsizing can be found in low loads that
are dominant in real life car operations. Passive resistances (friction loss and energy
to drive accessories, etc.) are lower for a small engine than for a large one. This
extends the area of high efficiency of the internal combustion engine even to the low
load region.

One of the significant aspects associated with the operation of a hydrogen fueled
internal combustion engine is the very high demand for working substance flow
(or air consumption). The mixture calorific value of the hydrogen / air mixture is
approximately 20% lower than that of the gasoline / air one (See Tab. II in Annex
H).

In addition, in the case of hydrogen engines with homogeneous mixture com-
bustion, the stoichiometric concept with a three-way catalyst for aftertreatment of
pollutants in exhaust gas is problematic. Since hydrogen-air mixtures in the stoichio-
metric condition are highly inflammable, possible ignition sources must be avoided
[44]. For a safe operation of the hydrogen engine, it is therefore necessary to operate
the engine with a lean mixture. One reason is a prevention of abnormal combustion,
i.e., pre-ignition, knocking, and back firing in case of mixture formation in the in-
take manifold. An additional advantage of engine operation with an extremely lean
mixture lies in the low combustion temperature. The low-temperature combustion
(LTC) increases a thermal efficiency by the reduction of the heat transfer to the
walls of the combustion chamber and thanks to a more favorable ratio of specific
heat capacity (so-called Poisson’s constant). Another benefit is the possibility of
increasing the compression ratio of the engine due to greater resistance to abnormal
combustion. Higher compression ratio also leads to the relatively high efficiency of
the hydrogen fueled engine [53].

Low temperature combustion is also beneficial in terms of NOx emissions. As
already indicated in the introduction, the only significant pollutants in H2ICE
exhaust gas, are nitric oxides (NOx). In the case of combustion of a premixed
homogeneous mixture, the NOx emissions are reduced by lowering the combustion
temperature.

For conventional hydrocarbon fuels, the flammability range of the mixture in
conventional spark ignition engine is limited [33] When burning lean mixtures, the
burning velocity decreases with the air excess ratio increase. The combustion insta-
bility increases, which leads to misfire as the air excess ratio exceeds approximately
the value of 1.6. This is associated with the higher emissions of hydrocarbons and
deterioration of chemical efficiency.

On the other hand, due to the low initiation energy and high burning velocity,
even for lean mixtures with air, hydrogen can be used in the engine with air excess
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ratio higher than 4, even with a conventional ignition system, i.e. with inductive
high-voltage spark ignition. The so-called lean burn concept for hydrogen engines
leads to extremely low nitrogen oxide emissions and, unlike for hydrocarbon fuels, the
combustion of very lean hydrogen mixtures does not degrade the chemical efficiency
of incomplete combustion.

The authors decided to experimentally investigate the potential of low-
temperature hydrogen combustion in a spark ignition experimental single-cylinder
engine, supercharged with an externally driven compressor, while respecting the
realistic turbocharging. The study will first describe the test engine with accessories.
Then, the methodology and evaluation of the experiments will be described. The
results of the initial mapping of hydrogen engine properties in the range of engine
maps will be presented.

8.2 Experimental setup

Experiments were performed on a spark ignition experimental single-cylinder
engine in the engine laboratory of the Center for Sustainable Mobility Vehicles
(CVUM) at the Czech Technical University in Prague. The engine was designed by
bachelor’s, master’s, and doctoral students of the Faculty of Mechanical Engineering
together with CVUM researchers in cooperation with designers from the engine
development department of ŠKODA AUTO Company, where the engine was also
manufactured and assembled. The engine is derived from the cylinder unit of current
ŠKODA engines with a displacement of 375 cm3 per cylinder. The basic parameters
of the engine are displayed in Tab. 8.1.

The engine is installed on an AVL Single-Cylinder Compact Test Bed with an
alternating asynchronous dynamometer enabling both motoring and loading of the
engine. The engine is liquid cooled and lubricated with an external AVL 733 condi-
tioning unit. The engine is externally supercharged by an Atlas Copco compressor,
the boost pressure and air temperature were adjusted by the AVL 515 boost unit,
see Fig. 8.1.

The test cell is complemented by a gas mixing station, which allows a prepara-
tion of mixed gaseous fuel from up to five gaseous components (C2H6, C3H8, N2,
CO2, and H2). Mass flows of gases are controlled and measured by Brooks SLA5853
controller. A mixture of fuel and air is formed in the engine intake manifold. Fuel is
injected into the intake manifold metered by low-pressure pulse-driven port fuel in-
jection system with an originally CNG injector. The timing and length of the pulses
have been optimized to eliminate back firing.

The air is compressed or throttled by an external AVL 515 boost unit. The air
temperature at the engine inlet was set to a constant value of 40◦C to emulate the
function of a conventional vehicle intercooler. The exhaust back pressure was ad-
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Bore / Stroke 74.5 / 85.9 mm

Maximum engine speed 6000 rpm

Compression ratio Max 11.6:1 (adjustable)

Maximum cylinder pressure 100 bar

Boosting external (0.3 to 4 bar air absolute pressure)

Air temperature 30 - 130◦C

Exhaust back pressure adjustable by exhaust throttle

Engine control unit Bosch MS6.1 ECU

ECU calibration ETAS INCA 7 software

Valve control electrohydraulic variable timing

Throttle control electronic throttle

Fuel injection gas/liquid fuel port injection

Ignition high voltage inductive ignition coil

Lambda control closed/open loop control

Knock control knock sensor based

Fuel hydrogen (purity 4.0)

Table 8.1: Basic parameters of the ŠKODA single cylinder research engine.

justed by a throttle valve in the exhaust manifold downstream the 60 L exhaust
plenum. The back-pressure value is controlled to emulate the exhaust back pres-
sure of the exhaust turbocharger with a total efficiency of about 50% (compressor
isoentropic efficiency ηSC = 73%, turbine isoentropic efficiency ηST = 73% and tur-
bocharger mechanical efficiency ηTCmech = 95%).

Exhaust gas sample was taken from the exhaust manifold for analysis using a set
of laboratory gas analyzers AVL AMAi60 (NDIR for measuring the molar fraction
of CO and CO2, PMD for measuring of O2, FID for detecting the molar fraction of
THC and CH4 and CLA for detecting the molar fraction of NO and NOx. The H-
Sense mass spectrometer was used to determine the fraction of unburned hydrogen in
the exhaust gas. Cooled piezoelectric pressure transducer (AVL GC24D) with a M8
thread was installed in the separate drill in the cylinder head. The cylinder pressure
is a crank angle indexed with a resolution of 0.1◦ by the AV L 365C incremental
rotational encoder, attached to the crankshaft. The AVL Indicom Mobile system
was used for a high speed data acquisition, online evaluation, and display of the rate
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Figure 8.1: Schematic of a test cell with an experimental single-cylinder
ŠKODA-ČVUT engine in the CTU engine laboratory.

of heat release, the crank angle indexed value of integral of the mass fraction burnt.
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8.3 Methodology of experiments

The experiments were performed at steady state, as a sequence of part-load
curves, each of them taken at constant speed and with the engine throttle valve
fully open. The intake air pressure and thus the mixture inflow were adjusted solely
by the external boost unit. The required engine power was set by the injected fuel
amount. To reduce the number of degrees of freedom, the ignition timing was set
for all measured points to maintain a phasing of 50% of the mixture burn (CA50)
at 10◦ after the top dead center. This value is generally considered close to the
optimal combustion phasing in most cases. An exception was the operation at high
loads, where the combustion phasing was delayed with respect to compliance with
the maximum combustion pressure limit (100 bar).

The engine is equipped with a dual knock detection. The engine control unit
works with the signal of the piezoelectric knock sensor, located on the engine block.
During the ECU parameterization, the so-called adaptive knock control was switched
on. The ignition timing was automatically set according to the knock intensity in
individual working cycles. Simultaneously, the high speed DAQ processed the signal
from the piezoelectric pressure sensor installed in the cylinder head and evaluated
the knock level for individual cycles by filtering the high-frequency component of
the pressure signal. The test cell operator adjusted and adapted the default ignition
advance map in the ECU according to the intensity of the knock.

Based on consultations with ŠKODA AUTO a.s. R&D workers and according to
previous experience in the evaluation of vehicle emissions in driving cycles, to comply
with the NOx limit in the exhaust after catalytic converter, the engine should not
emit more than 10 ppm of NOx at any time of the cycle. For laboratory experiments
at the engine dynamometer at steady state, the air to fuel ratio of the mixture was
adjusted by the inlet air pressure regarding maintaining the molar fraction of NOx
in the raw exhaust gas below 10 ppm. For each point, at which the boost pressure
was higher than the atmospheric one, the exhaust back pressure was adjusted so
that the efficiency of the fictitious exhaust gas driven turbocharger corresponded
to the value of 50%. With this measure, a more or less realistic backpressure was
emulated as for a turbocharged multicylinder engine.

8.4 Experimental results

Initial lean operation mapping

Fig. 8.2 presents results from the initial mapping of the the lambda range for the
required limit of NOx at a constant speed of 2000 rpm, constant engine load at a
mean indicated pressure of 6 bar, and at constant combustion phasing. Fig. 8.2 on
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the left shows the dependence of molar fractions of NOx and H2 in exhaust gas on
the air excess ratio (lambda). The required boost pressure and exhaust back pressure
are shown in Fig. 8.2 on the right.

Figure 8.2: Influence of the air excess ratio on molar fraction of NOx and molar
fraction of H2 in the exhaust gas (top left), the boost pressure and the exhaust back
pressure in the exhaust manifold (top right) and maximum cylinder charge
temperature (bottom). Traces measured at a constant speed of 2000 rpm, at
constant mean indicated pressure of 6 bar and at constant combustion phasing.

Molar fraction of NOx can be significantly reduced to a one-digit level in ppm for
the leaner mixture by maintaining a constant power by boosting. The proportion of
hydrogen in the exhaust increases with increasing air excess ratio as can be seen in
Fig. 8.2 in the top left diagram. The trend in maximum cylinder charge temperature
is shown in the bottom left in Fig. 8.2. Bottom right part displays the results of
the thermodynamic analysis performed in the GT Power using the three pressure
analysis [15]. Blue curve shows the trend in indicated efficiency, the red curve shows
the heat losses in the cylinder and the green curve plots the loss in chemical energy by
the measured fuel molar fraction in the exhaust. The optimum indicated efficiency
occurs around lambda = 2.5, where the combustion rate and chemical efficiency
remain high (Fig. 8.3).

At bottom graph in Fig. 8.3) cylinder charge gas constant traces are displayed.
A molar contraction in hydrogen combustion causes decrease of the cylinder charge
gas constant. This effect reduces the pressure increment by combustion and hence
deteriorates the engine indicated efficiency.
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Figure 8.3: Crank angle indexed traces of the cylinder pressure and heat release
rate in dependence of lambda values.

Engine performance maps

All subsequent measurement results will be presented in this study in the form
of the performance characteristics with coordinates of the brake mean effective pres-
sure bmep. Due to the atypical arrangement of the test engine and its accessories
compared to conventional multicylinder engines, the directly measured effective val-
ues (i.e., related to the brake torque and power) do not have sufficient significance.
Therefore, the effective quantities have been recalculated from the indicated pa-
rameters using the values of passive resistance taken from a modern turbocharged
multicylinder gas engine [22].

Fig. 8.4 shows the performance maps of a single cylinder engine. The symbols
(+) show the measured points, the blue continuous line indicate the envelope of the
measurement. The values of the maximum combustion pressure (pmax) are marked
in figure on the left by colored isolines. The achievable maximum load (vertical axis)
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Figure 8.4: Performance maps of the four-cylinder engine: top left isolines of
maximum cylinder pressure and top right isolines of the brake efficiency, lower left
isolines of air excess ratio (determined from molar fraction of O2 in the exhaust),
lower right isolines of the crank angle of 50% of the mass fraction burned.

of this engine is limited by a limit of maximum combustion pressure of 100 bar. The
diagram on the right in Fig. 8.4 shows the isolines of engine brake efficiency. The
peak value is 43.3% in maximum load at a speed of 3500 rpm.

According to preliminary evaluations of thermodynamics, the low temperature
combustion concept is a significant contributor to the high efficiency of the hydrogen
engine. The air excess ratio ranged from 2.4 to 3.3, see Fig. 8.4 bottom left. The high
burning rate of such a lean mixture of hydrogen and air has also a positive effect on
the efficiency of the engine, and the possibility of maintaining optimal combustion
phasing, see Fig. 8.4 bottom right. Low maximum combustion temperature and low
heat loss on the combustion chamber walls improve the engine’s efficiency.

Fig. 8.5 shows the isolines of the boost pressure and exhaust back pressure. The
overall efficiency of the fictitious turbocharger was maintained at 50% during the
tests by adjusting the back pressure in the exhaust. The test bed operators tried to
emulate the pressures in the intake and exhaust manifold of the externally super-
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Figure 8.5: Plots the isolines of the absolute intake air pressure (left) and isolines
of the absolute exhaust gas pressure (right).

charged single-cylinder engine as realistic as possible regarding the possibilities of
current turbochargers. The maximum boost pressure of 250 kPaabs was reached at
a maximum load at an engine speed of 4000 rpm. The exhaust back pressure at this
point was 276 kPaabs.

Hydrogen engine emission parameters

Only two main emission parameters will be discussed in the study, i.e., NOx and
CO2 emissions. NOx emissions are formed at high temperatures by the oxidation
of atmospheric nitrogen. Due to the low combustion temperature of lean mixtures
and the high air excess ratio, it was possible to keep the molar fraction of NOx in
raw exhaust gas at one-digit values in ppm at all points of the map, see Fig. 8.6
left. Specific NOx emissions range from 6 to 17 percent of the current emission limit
(e.g., the EU6 limit for heavy duty applications is 0.46 g / kWh [1] (as a result of
running the WHTC cycle).

Exhaust emissions of CO2 are important in terms of global emissions. In the
case of hydrogen fueled internal combustion engine, CO2 is formed only by the
combustion of lubricating oil penetrating into the combustion chamber. Fig. 8.7 on
the left shows the isolines of measured CO2 molar fraction in exhaust. The intake
air entering the engine contained 420 ppm CO2. The right half of Fig. 8.7 shows
isolines of specific CO2 emissions, untreated for the proportion of CO2 in the intake
air. Specific CO2 emissions range from 3.8 to 17 g/kWh.
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Figure 8.6: Plot of isolines of NOX molar fraction in raw exhaust gas (left), isolines
of specific NOX emission (right).

Figure 8.7: Isolines of the molar fraction of CO2 in exhaust (left) and isolines of
specific CO2 emissions (right).

8.5 Conclusions

Low NOx values indicate the potential to meet the driving cycle emission limits
of a passenger car without additional exhaust gas treatment. Regarding CO2 emis-
sions, it is worth noting that a modern diesel engine with a specific diesel consump-
tion of 220 g/kWh emits around 700 gCO2/kWh. Even with a simplified evaluation,
without subtracting the amount of CO2 in the intake manifold, the hydrogen engine
can reduce exhaust CO2 emissions by 97.6 to 99.5% compared to a modern diesel
engine.
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The proposed use of hydrogen as a fuel in transport allows a reduction in the
emissions of all monitored pollutants as well as carbon dioxide by several orders of
magnitude.

At high loads, the engine efficiency is comparable to the efficiency of a fully
loaded fuel cell. The design of the engine and accessories is practically no different
from engines using more conventional gaseous fuels, and the introduction of primary
production will not cause requirements for changes in production and assembly
technologies.

Adaptation to the use of hydrogen as a fuel is also realistic for vehicles in service.
Tolerance to the impurities in hydrogen and the possibility of operating on a con-
ventional fuel in the absence of hydrogen, make the hydrogen engine an ideal means
of supporting the development of hydrogen infrastructure during the transitional
period in building the hydrogen economy.

The use of hydrogen as a fuel for internal combustion engines will allow carmakers
to apply a de facto reduction in greenhouse gas emissions to their products by
using physical processes, governed by natural laws rather than by an administrative
reduction of the fleet average CO2 emissions by combination of sales of (supposedly
zero emission) electric vehicles and vehicles with internal combustion engines.
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Chapter 9

Summary and Conclusions of the
Thesis

Summary of gasoline engine low temperature combustion stud-
ies

The first study, carried out on a gasoline fueled experimental engine with the
fully flexible valve actuation system, showed that stable, dilute, and efficient com-
bustion could be achieved with SACI at loads above the allowable limits for naturally
aspirated HCCI. The SACI combustion mode provided a pathway of transition from
pure HCCI to pure SI. The following results were also obtained.

Lean HCCI without spark assistance was achieved up to ∼3.7 bar NMEP. Com-
bustion phasing was heavily dependent on the degree of NVO and the fraction of
hot internal residual under certain conditions. A large degree of NVO introduced
complex cycle-to-cycle feedback, which greatly affected the combustion stability at
higher loads.

Load extension was achieved using a combination of spark assist and EGR di-
lution. Maintaining a dilute mixture limited the maximum in-cylinder temperature,
increasing γ and allowing for more efficient operation than conventional SI at the
same load conditions. At these loads, NOx emissions exceeded US-2010 standards;
however, conventional after-treatment could be used due to the stoichiometric mix-
ture.

SACI allowed for successful engine operation above the HCCI ringing limit and
below the SI misfire limit, bridging the gap between the two combustion regimes.
Just above the HCCI limit, the increased unburned temperatures allowed weak
flames to be sustained at very low φ′ mixtures. These flames helped induce auto-
ignition when the mixture was too cold to auto-ignite consistently without spark.
As the load increased, the flame development became stronger and the total internal
residual was reduced, resulting in lower unburned temperatures.
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Three knock metrics have been applied to HCCI, SACI, and SI combustion in a
FFVA engine and the results are compared over a range of loads.

For all metrics, the transition from HCCI to SACI, and from SACI to SI results
in reduced knock values.

Variability as measured by standard deviation and frequency distribution, is
increased as the combustion transitions from HCCI through the SACI region to SI,
consistent with the increasing proportion of flame-induced heat release.

In the SACI combustion mode, no general agreement was found among the met-
rics. Furthermore, all metrics showed a significant decrease as the engine transitioned
between HCCI through SACI to SI despite the presence of significant audible knock
as SI combustion was approached.

Initial scavenged prechamber ignition study on a gas engine

Initially, three geometries of a scavenged prechamber equipped with a miniature
pressure sensor were designed and tested on a natural gas light duty truck engine
at a fixed engine speed under the steady state operation.

The best engine performance was achieved with the prechamber with the largest
volume and the greatest cross section area of the nozzles. At extremely lean oper-
ation, it shows the best efficiency and the lowest emissions of hydrocarbons with
favorable NOX emissions.

Despite the high amount of unburned hydrocarbons in exhaust, the tested engine
equipped with the scavenged prechamber showed significant improvements compared
to the engine with a conventional spark plug.

The prechamber engine was able to operate at high load with a stoichiometric
mixture strategy that is compatible with a three-way catalyst. At low loads, the
scavenged prechamber allows to ignite extremely lean fuel-air mixtures with high
combustion rate. Lean operation potentially allows the reduction of nitrogen oxide
(NOX) emissions to levels below the legislative limits without the need of using
a NOX after-treatment system. At the same time, the lean mixture reduces the
combustion temperature, hence the heat losses are reduced and the thermal efficiency
of the engine is increased.

The prechamber engine was then tested in four different fueling modes with or
without spark discharge, to allow separate investigations of various phenomena of
this advanced combustion system.

From the partly motored mode (Mode C), it can be concluded that the precham-
ber as a source of ignition energy for the lean burn engine provides approximately
a thousand times higher energy than the energy of the conventional spark plug.
Further experimental observations show:

• The engine equipped with the scavenged prechamber is capable of running a
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wide range of λ with constant combustion phasing adjusted to the optimum
engine efficiency (CA50 = 10 deg aTDC). This was achieved by a constant
fueling rate to the prechamber within the range of tested air excess ratios.
The demand for spark advance control is moderate.

• The simple method of fueling the prechamber was proven successful. Fuel was
delivered via a simple fuel line and check valve, and the fuel injection rate was
controlled only by the pressure in the fuel line.

• While operating at the lean end of the investigated range, the NOX emissions
of the raw exhaust gas are very low, which bodes well for real world operation
at low load without exhaust gas aftertreatment.

• The most significant experimental challenge is managing the content of un-
burned hydrocarbons in the engine-out exhaust gas. The range of the air ex-
cess ratio needs to be trimmed to maintain a reasonable content of unburned
methane in the raw exhaust gas.

To determine the influence of the volume of the prechamber, an experimental
comparison of two prechambers with the same geometry of the connection orifices
with different volumes of 2.3 and 4.6% of cylinder compression volume was per-
formed.

From the partly motored mode, it can be concluded that the big prechamber
provides approximately two times higher ignition energy than the small one. Nev-
ertheless, the expected reduction in unburned hydrocarbon production and the ex-
tension of the engine operating range (air excess range) have not been achieved at
full combustion mode. The benefit of the big prechamber is a faster combustion
and lower demand for spark advance timing. On the other hand, the big scavenged
prechamber shows a worse function and degradation of performance near the stoi-
chiometric mixture. Behavior of the big prechamber near the stoichiometric mixture
can be improved when un-scavenged (passive) mode of operation is adopted. The
un-scavenged prechamber can be used up to the value of air excess 1.5. Combustion
instability and misfiring occurs beyond this point.

At lean operation, the increased prechamber volume could not be completely
exploited due to the low mixing intensity in the prechamber. The amount of gas
delivery into the prechamber and thus the potential ignition energy are limited.
This statement is consistent with the performed experiments and simulations.

Initial CFD simulations show:

• Using the CFD modeling, the quality of scavenging was evaluated quantita-
tively as the amount of leaked fuel and qualitatively as a spatial distribution
of mixture in the prechamber. Despite the introduced simplifications, which
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affect the accuracy of the results, the simple CFD model of the prechamber
was used for efficient evaluation of different variants, geometry optimization,
and sensitivity analysis, with lower computational requirements,

• The CFD results were used also as a feedback for the calibration of the scav-
enging object in the 0-D model of the prechamber in the GT-Power software.

• The evaluated prechamber can be described as a no-swirl prechamber with the
stratified charge. The low mixing in the prechamber is the main factor that
influences the functionality of the designed version. Due to this fact, which
results in a rich mixture near the spark plug electrodes, the maximum amount
of additional gas in the prechamber and thus the ignition energy is limited.

Complete engine geometry, CFD study

The detailed CFD model together with the calibrated 0-D/1-D model are sup-
posed to introduce a lot of new information which might be difficult to be obtained
experimentally. This enables understanding the gas exchange process (especially
between the cylinder and the prechamber) and the turbulent flame development
(especially in the prechamber and early in-cylinder phase). All that is expected to
improve the overall knowledge of the prechamber concept applied to automotive
ICE, hence leading to optimizations planned for the near future.

The combustion model used in this study does not capture the local chemistry.
The model is based on LES approach while the turbulence driven combustion model
(LES ECFM-3Z) was applied, hence no chemical effects (e.g., flame quenching due
to low local temperature) were taken into account. Only a combustion model based
on chemical kinetics could capture that. Such a model will be employed in the future.

• The effectiveness of prechamber scavenging is sufficient. The residual gas con-
tent inside the prechamber before the start of combustion is on the order of
one percent.

• At the time of spark discharge, the mixture composition near the spark gap is
within the limits of flammability. This statement is valid for all investigated
operational points.

• Even if the flow of fuel into the prechamber starts during the later phase of
the exhaust process, the amount of leaked unburned fuel to the exhaust port
during prechamber scavenging was identified by CFD as negligible.

• The flame jet propagation in the cylinder occurs very fast. Furthermore, flame
development differs significantly from conventional hemispherical surfaces typ-
ical of SI engines. Our next study will focus on modifying the geometry of both
the prechamber and the main chamber to cope with this phenomenon.
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• Both the scavenged operation and un-scavenged one were analyzed with a big
prechamber. Although there are differences related to the specific precham-
ber operation, the space distribution of important parameters just before the
ignition event is similar. Hence, combustion is fast in both cases while un-
scavenged mode features lower levels of CCV. These trends are supported by
experimental results.

• 3-D CFD results show that the combustion process of SI ICE equipped with
prechamber is a very complex one. The flame structure is far away from the
classical spherical flame front shape of typical SI ICEs – its shape and topol-
ogy is more similar to CI ICE, although it is still a deflagration flame front
propagation process.

• The performed 3-D CFD simulations allow determining the spatial mixture
distribution within the prechamber. The CFD results show a rich mixture
near the spark plug gap due to significantly stratified charge and low mixing
in the prechamber. The low mixing limits the maximum amount of additional
gas, and thus the potential ignition energy of the prechamber volume, and
further deteriorates its function.

• As a next step, it is necessary to focus on the improvement of the precham-
ber mixing to obtain better charge homogeneity. Further investigations with
various connection orifice geometries and a new design of the main chamber
geometry are in preparation.

Hydrogen low temperature combustion in SI engine

Regarding the application of low temperature combustion in spark ignition en-
gines. The low NOx values indicate the potential to meet the driving cycle emission
limits of a passenger car without additional exhaust gas treatment.

Regarding CO2 emissions, it is worth noting that a modern diesel engine with
a specific diesel consumption of 220 g/kWh emits around 700 gCO2/kWh. Even
with a simplified evaluation, without subtracting the amount of CO2 in the intake
manifold, the hydrogen engine can reduce exhaust CO2 emissions by 97.6 to 99.5%
compared to a modern diesel engine.

The proposed use of hydrogen as a fuel in transport allows a reduction in the
emissions of all monitored pollutants as well as carbon dioxide by several orders of
magnitude.

At high loads, the engine efficiency is comparable to the efficiency of a fully
loaded fuel cell. The design of the engine and accessories is practically no different
from engines using more conventional gaseous fuels, and the introduction of primary
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production will not cause requirements for changes in production and assembly
technologies.

Adaptation to the use of hydrogen as a fuel is also realistic for vehicles in service.
Tolerance to the impurities in hydrogen and the possibility of operating on a con-
ventional fuel in the absence of hydrogen, make the hydrogen engine an ideal means
of supporting the development of hydrogen infrastructure during the transitional
period in building the hydrogen economy.

The use of hydrogen as a fuel for internal combustion engines will allow car
makers to apply a real reduction in greenhouse gas emissions to their products by
using physical processes, governed by natural laws rather than by an administrative
reduction of the fleet average CO2 emissions by combination of sales of (supposedly
zero emission) electric vehicles and vehicles with internal combustion engines.
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Annexes

A UM-FFVA Engine

Figure I: A FFVA engine test bed, a hydraulic system distribution rail for the
Sturman valve system (in front), an exhaust plenum on the left and an egr line.
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Annexes

B Fuel supply into the pre-chamber

Figure II: Schematics of the fuel supply into the pre-chamber.
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Annexes

C Heat release analysis results for various Lambda
values

Figure III: Heat release analysis results for various Lambda values.
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Annexes

D Results of natural gas composition analysis

Component Avg. composition, [% mol.]

carbon dioxide 0.105

nitrogen 0.856

methane 97.098

ethane 1.562

2-methylpropane (i-butane) 0.048

n-butane 0.040

2,2 dimethylpropane (neo-pentane) 0.002

2- methylbutane 0.006

n-pentane 0.004

C6 (sum) 0.003

C7+ (sum) 0.001

Total 100

LHV [MJ/m3], V(15◦C, 101.325 kPa) 34.45

HHV [MJ/m3], V(15◦C, 101.325 kPa) 38.23

Table I: Results of natural gas composition analysis using gas chromatograph HP
6980.
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Annexes

E Scheme of the GT-power model

Figure IV: Scheme of the GT-power TPA model.
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Annexes

F Measured traces of ignition energy

Figure V: Comparison of spark energy profiles measured at 1800 rpm and fully
open throttle valve for various air excess ratio (lambda). Spark voltage was
measured by high voltage probe Tektronics P6015A, the electric current was
measured by Pearson Model 110 current probe, connected to digital oscilloscope.
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Annexes

G CFD Results

Figure VI: Comparison of individual cycle simulation data related to combustion
(ROHR) at air excess of 1.0 while comparing different pre-chamber design
configurations and scavenging strategies (scavenged/un-scavenged) – top left
subfigure corresponds to 1st calculated cycle while bottom right subfigure represents
4th calculated cycle.
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Annexes

Figure VII: Comparison of individual cycle simulation data related to combustion
(ROHR) at air excess of 1.5 while comparing different pre-chamber design – top left
subfigure corresponds to 1st calculated cycle while bottom right subfigure represents
4th calculated cycle.

Figure VIII: Comparison of cumulative released chemical energy in pre-chamber at
air excess of 1.0 (left) and 1.5 (right) while comparing different pre-chamber design
configurations – left subfigure corresponds to Fig.VI while right subfigure represents
Fig.VII.
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Annexes

Figure IX: Comparison of individual cycle simulation data related to mixing
(equivalence ratio as a marker of mixture quality) at air excess of 1.0 while
comparing scavenging strategies (scavenged/un-scavenged); presented data
correspond to 2nd cycle – left column corresponds to variant ‘big version’, right one
to ‘big version – un-scavenged’; 1st row corresponds to 180 ◦CA, 2nd one to 360
◦CA, 3rd one to 540 ◦CA, 4th one 680 ◦CA and 5th one to 710 ◦CA.
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Annexes

Figure X: Comparison of individual cycle simulation data related to heat transfer
(local temperature as a marker of heat flux) at air excess of 1.0 while comparing
different scavenging strategies (scavenged/un-scavenged); presented data correspond
to 2nd cycle – left column corresponds to variant ‘big version’ right one to ‘big
version – un-scavenged’; 1st row corresponds to 180 ◦CA, 2nd one to 360 ◦CA, 3rd
one to 540 ◦CA, 4th one 680 ◦CA and 5th one to 710 ◦CA.
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Annexes

Figure XI: Comparison of individual cycle simulation data related to mixing
(equivalence ratio as a marker of mixture quality) at air excess of 1.5 while
comparing different pre-chamber design configurations; presented data correspond to
2nd cycle – left column corresponds to variant ‘small version’, right one to ‘big
version’– 1st row corresponds to 640 ◦CA, 2nd one to 680 ◦CA, 3rd one to 690 ◦CA,
4th one 700 ◦CA and 5th one to 710 ◦CA.
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Annexes

Figure XII: Comparison of individual cycle simulation data related to mixing
(CH4 mass fraction as a marker of flame – blue color represents burnt zone) at air
excess of 1.5 while comparing different pre-chamber design configurations; presented
data correspond to 2nd cycle – left column corresponds to variant ‘small version’,
right one to ‘big version’ – top row subfigures correspond to early combustion phase
(flame front reaches connecting channels in pre-chamber), all other sub-figures
represent increase by 2 ◦CA.
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Annexes

H Basic properties of various fuels

Fuel Gasoline
A[33]

Gasoline
B[33]

Gasoline
E10∗

CH4 H2

Carbon mass
fraction
[kg/kg]

0.865 0.877 0.850 0.750 0.000

Hydrogen
mass fraction
[kg/kg]

0.135 0.123 0.133 0.250 1.000

Oxygen mass
fraction
[kg/kg]

0.000 0.000 0.017 0.000 0.000

Oxygen/Fuel
stoichio-
metric ratio
[kg/kg]

3.388 3.324 3.310 4.000 8.000

Air/Fuel sto-
ichiometric
ratio [kg/kg]

14.640 14.365 14.305 17.285 34.569

Fuel lower
calorific
value
[MJ/kg]

44.000 44.000 41.500 50.042 119.827

Stoichiometric
mixture
calorific
value
[MJ/m3]

3.884 3.958 3.749 3.387 3.164

Table II: Basic properties of various fuels. ∗ Composition determined by laboratory
analysis.
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